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PREFACE

This report on noise control technology for selected woodworking machinery
has been prepared through a grant (OHO0417-02) from the Nationmal Institute for
Occupational Safety and Health. The purpose of the report is twofold: (a) to
propose new control techniques for woodworking machinery noilse produced by
structural vibration and aerodynamic phenomena and (b) to establish a unified
approach to the utilization of existing technology for woodworking machinery
noise control. Primary emphasis is placed on techniques that supplant the de-
pendence on total acoustical enclosures. Enclosures can be used for many appli-
cations, but such an approach can be cumbersome and result in reduced efficien-
cy in some cases. Two cases for which considerable difficulty arises in the
use of total enclosures are the surfacing of long materials where it is not
practical to totally enclose the entire source, and the circular sawing opera-
tion for which total enclosures are often impractical. These two cases are
treated in considerable detail in this report. The production of noise by
aerodynamic sources is also considered, and empirical scaling laws for both
cutterheads and saw blades are presented. Some of the results of an ongeoing
parameter study concerning the aerodynamic noise produced by circular saw
blades are reviewed.

The methcdolegy described in this report is extended to various other
woodworking machinery applications through a noise control guide which relates
typical noise sources to the various abatement techniques presented in the
text. '
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I. INTRODUCTION TO WOODWORKING MACHINERY
NOISE SOURCES AND CONTROL PROCEDURES

Noise Generation Mechanisms

Noise radiation by woodworking machinery can be classified as resulting
from two main mechanism categories -- structural vibration and aerodynamic
sources. There 1s considerable variation in different machines as to which
component in the system usually dominates the noise energy produced. These
sources are classified and discussed in succession.

Noise Due to Structurzl Vibration

There are three main system components that can generate noise: work-
piece vibration which for our purposes is considered to be part of the machine/
process system, cutting tool vibration, and vibration of machine frame members
and cover panels. Vibrations of these structures produce scund by causing air
disturbances propagated from the surface of the structure. The impulsive na-
ture of the wood machining operation results in favorable conditions for struc-
tural vibration produced noise.

Workpiece Vibration. The usual woodworking process involves passing a wooden
workpiece by a tool (or moving the tool by a stationary workpiece) for the
purpose of cutting, milling, or shaping. These processes require the removal
of material which involves an energy transfer between the cutting unit and the
workpiece. The operational speed of many woodworking machines is such that:
excitation frequencies occur that can match resonance frequencies of the work-
piece resulting in large amplitude vibrations along with the attendant noise
generation.

Cutting Tool Vibration. There are relatively few cases in which vibration of
the cutting tool itself is a major source of noise. For the most part, tool
vibration cannot be permitted due to performance requirements. Further, the
dimensions, natural resonances, and excitations combine teo produce very low
acoustic radiation efficiencies. There is, however, one notable exception —
the circular saw blade which can produce significant noise due both to forced
vibration and resonant response.

Machine Vibration. The vibration of structural components of machines can be

a major source of noise. The sources of excitation for machine vibration in-
clude: 1) forces transhmitted to the machine frame from the cutting tool, 2)
forces generated due te rotating unbalances, and 3)! forces due to worm or im-
proper meshing of gears. '



Noise Due to Aercdynamic Phenomena

Aerodynamic noise is generated when fluctuations about the normal atmos-
pheric pressure are caused to occur. Aerodynamic noise includes noise gener-
ated as a result of instabilities in such airflow conditions as turbulence in
wind, high velocity mixing as in turbulent jets, and flow over surfaces either
moving or stationary-.

There are several types of aerodynamic noise sources that can be identi-
fied with woodworking machinery. When the mass of a fluid (air) iIn a fixed
region of space is caused to fluctuate, the noise procducing source is called
a simple source or a monopole. A second noise source classification is the
acoustic dipole which conceptually can be thought of as two monopoles or simple
sources operating close together 1807 out of phase. Physically, this source
results when a force varying in magnitude of direction causes the momentum
(mass times velocity) in a fixed region to vary with time. The third source
category is the acoustic quadrupole which can be thought of as the combination
in close proximity of two dipoles. Each of the source mechanisms discussed
can occur in woodworking machines and are usually associated with rotatiom of
cutting tools.

Free Rotating Cutting Tocls. Cutting tools usually incorporate irregular sur~-
face geometries, sharp -edges, and cavities which move rapidly through the air.
Based on the preceding discussion, it 1is not difficult to visualize the kind
of fluctuations associated with the simple source, the dipole source, and the
quadrupole source.

Rotating Cutting Tools and Nearby Stationary Surfaces. Stationary surfaces
close to rotating cutting toels are a common situation in woodworking machinery.
The clearance between-.cutting edges and fixed machine components can have a
dramatic effect on noise generatiom.

Rotating Cutting Tools with Induced Air Flow. Most woodworking machinery im-
stallations have chip/dust removal systems. Air is drawn from around the cut-
ing area by a vacuum system, and the chips/dust are entrained in the air and
conveyed to central depositories. This air flow over cuttipng tools can have
an effect on noise production, causing the noise to increase.

It is clear that the irregular and complex geometry found in cutting tools,
along with the presence of stationary surfaces with imposed airflow, have the
potential for producing noise through all known mechanisms. The understanding
of which source mechanism dominates noise generation in a given situation Is,
of course, an aid in the noise control procedure,
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Noise Control Methodology

A general discussion has been given of noise generation mechanisms.
Before considering each nolse generation mechanism and control method in de-
tall, an overview summarizing the methodology set forth in this report is
presented.

Structural Vibration Noise Reduction

Noise associlated with the vibration of workpieces, cutting tools, and
machine components can be controlled by reducing vibration amplitudes and re-
ducing the effectiveness of the system converting vibratory energy into acous-
tic energy. The means employed to accomplish this include: a) changes in
system stiffness and mass for controlling vibration amplitude. b) Application
of a damping system teo reduce the amplitude of vibration. A portion of the
input energy which would otherwise increase the vibration amplitude is then
dissipated due to damping. c¢) The use of mechanical vibration suppression to
inhibit flexural wave propagation. d) Detuning the vibratory system by either
modifying system resonances or changing the exciting frequencies. e) Isola-
tion of the source of vibratory energy from radiating machine components.

Aercdynamic Noise Reduction

The three main categories of aerodynamic noise in the woodworking indus-
try are: 1) long rotating cylinders with nearby stationary surfaces, 2) inter-
mediate length cylinders with or without stationary surfaces, and 3) thin disks
of relatively.large diameter such as circular saw blades. The parameters that
have the most dramatic effect on aerodynamic noise for long cylinders (cutter—
heads) are reduction in tip speed, an Increase in clearance between knife tips
and table lip or other stationary components, and the modification of the ta-~
ble lip geometry. The intensity of aerodynamic noise generated by long cylin-
ders depends on tip speed and varies between a fourth powey dependence and a
sixth power dependence depending on operational conditions™.

Intermediate length cylinders are defined as those with diameter to length
ratios between 1 and 10, For these cases, the effective knife projection from
the cylinder body has a significant effect on noise in addition to the clear-
ance between the cutterhead and nearby stationary surfaces. )

The limiting case of short cylinders 1s the thin disk which for this dis-
cussion is the circular saw blade. Aerodynamic noise from saw blades depends
on speed of rotation, tooth and gullet geometry, and blade thickness. While
the optimum saw blade from the standpoint of noise is not defined, it has been
determined that a favorable relationship between géllet width and blade thick-
ness is of wajor importance in‘the reduction of aefodynamic noise3.



Noise Reduction through Tooling Changes

Significant developments in tooling design have provided dramatic reduc-
tions in noise due both to vibration and aerodynamic sources. These tooling
changes are based on the recognition that the intensity of noise radiated de~
pends on the time rate of change of air mass fluctuation, forece fluctuation,
and correlation of such fluctuations along extended surfaces.

New tooling concepts have been developed for noise control of woodworking
machinery, and it can be expected that additional developments will become
available as new technology results from continuing research efforts. In some
cases, a tooling change may be the most satisfactory alternative; in other
cases, a combination of tooling changes and acoustic enclosures may be most
appropriate. There are situations where acoustic enclosures alone give satis-
factory results. The specific decision to use any of these combinations de-
pends on a number of factors and should be made only after all suitable alter-
natives have been explored.

The fellowing sections of this report deal quantitatively with procedures
that have been found to reduce woodworking machinery noise. In Section II,
vibration generated ncise is treated while aerodynamic ncise is discussed in
Section III. Section IV is a compendium of procedures for noise control of
selected machines and represents the current state-of-technology for reduction
of noise from woodworking machinery.



II, WOODWORKING MACHINERY NOISE PRODUCED BY STRUCTURAL VIBRATION

Many woodworking processes involve engaging a workpiece with a rotating
cutting tool to be cut, surfaced, or shaped. The result is usually structural
vibration of the workpiece, the tool, or both. Under certain conditions, this
structural vibration couples with the surrounding air to produce sound. ' The
process involved is illustrated in Figure 2.1 for sound produced by vibration
of the workpiece.

Figure 2.1 depicts an excitation/response/radiation flow system, The ex-
citation is provided by the rotating tool which usually incorporates a number
of cutting blades or teeth. Excitation energy is available over a large fre-
quency range since energy contributions occur at the rotational freguency, the
blade passage frequency, and various harmonic¢ frequencies depending on the par-
ticular force-time characteristics of the excitation. As the rotating cutting
tool makes contact with the workpiece, an energy transfer occurs resulting in
vibrational energy being delivered to the workpiece. The magnitude of this en-
ergy transfer depends on a number of factors involving the matching between
excitation and structural response characteristics. The transfer is usually
quite effective in systems where the excitation frequencies of the energy input
overlap natural resonant frequencies of the workpiece. Structural vibration
is easily excited by external force systems with energy contributions near
natural frequencies of the workpiece. Vibratory energy is also transmitted to
the workpiece due to the excitation force when the frequencies contained in
the input energy do not match the resonance frequencies.

Energy stored in the workpiece in the form of structural vibration is dis-
sipated by mechanical damping (internal or through physical contact with other
structures) and through a transfer of energy to the surrounding air. The ef-
fectiveness of this energy transfer in the form of radiated sound depends on
the degree to which vibrations of the workpiece produce compressions in the
surrounding air that propagate as sound. This coupling between the vibrating
workpiece and the air depends on the relationship between the structural vi-
brational wavelength and the acoustic wavelength at the same frequency. Strue-
tural wavelengths which are longer than the acoustic wavelength result in the
radiation of sound. In cases where the acoustic wavelength is greater than the
structural wavelength, a hydrodynamic short circuit is developed {air is not
compressed) and no sound is radiated. The frequeficy at which the wavelength
in the structure is equal to the wave length in air is known as the critical
frequency.

The system described in Figure 2.1 consists of a cutterhead and a work-
piece which is set into vibrationm by the impact of blades mounted in the ro-
tating cutterhead. As fioted previously, blade impagct results in a large amount
of energy available to the workpiece over a wide range of frequencies. The
critical frequency of the workpiece is usually relatively low, making the con-
ditions for sound radiation quite favorable.

R 4
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A second excitation/response/radiation system is illustrated in Figure
2.2 in which the tool itself experiences a vibration response. The tool illus-
trated in Figure 2.2 is the circular saw blade, commonly found in the woodwork-
ing industry. The excitation possibilities are numerous, some of the more im-
portant being aercdynamic, rotational dissymmetry, and tooth impact. Obviously,
the excitation energy input encompasses a wide range of frequencies, while the
response of the tool to these energy sources depends primarily on tool geometry.
The circular saw blade has many natural resonant frequencies in the audible
range which account for a strong vibrational response and accompanying radia-
tion of sound.

In this discussion, cases in which' either workpiece vibration or tool vi-
bration clearly dominate the sound production have been considered. Implicit
in the discussion is the assumption that vibration energy is stored throughout
the tool or workpiece and dissipated through damping mechanisms or the radiation
of sound. For this situation to exist, only a relatively small amount of damp-
ing can be present in the system. In effect, this assumption allows the addi-
tional radiation from the flexural nearfield in the immediate vicinity of the
tool/workpiece system to be neglected in comparison to other sources. In cases
where neither workpiece nor toel vibration sources dominate, sound radiation
from the flexural near field of the tool and workpiece must be considered.

This case is i1llustrated in Figure 2.3.

The sources illustrated in Figures 2.1, 2.2, and 2.3 occur to varying
degrees in most wood machining processes. In arriving at effective techniques
for controlling structural vibration and the resulting noise, it is essential
that the various elements of the excitation/response/radiation system be prop~
erly identified and understood.

Control of Workpiece Vibration Noise

Workpiece vibration produced noise is characterized by Figure 2.1 and re-
sults from the acoustic coupling of vibrations of the workpiece with the sur-
rounding air. Means by which this noise can be reduced include: 1) reduction
of workpiece excitation, 2) reduction of workpiece response, and 3) reduction
of workpiece radiation. Reduction of excitatiom involves changes in opera-
tional conditions or tooling while reduction of workpiece response involves
the use of restraint systems or damping technique$ since the workpiece itself
usually cannot be altered. The reduction of workpiece radiation in this con-
text refers to acoustic shielding techniques. It is recognized that radiatiom
characteristies can also be altered by changes in the system mass and stiffness.

Reduction of Workpiece Excitation 5

The major source of workpiece excitation is the energy transfer that oe-
curs when the rotating cutterhead impacts the workpiece. The workpiece is

Jusually relatively weak structurally in one or more planes, resulting in eas-

ily excited vibration response. Since alterations of the workpiece are diffi-
cult at best, the reduction of excitation is of major importance in reducing
radiated noise.

-
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The mechanism of energy transfer from the cutterhead to the workpiece
which results in flexural vibrations and sound radiation is illustrated in
Figure 2.4. For conventional woodworking cutters consisting of a circular
¢ylinder with knives mounted in the periphery, impact occurs as each knife
engages the workplece (see Figure 2.5). The force experienced by the work-
piece is periodic and occurs at the blade passage frequency (N RPM/60; N =
number of knives and RPM = revolutions per minute). The shape of the force
pulse is, in general, unknown but can be represented by a Fourier series for
the force F(w) having energy contributions at the blade passage frequemcy
(wp) and harmonic frequencies (nwg) as

F(w) = Ao (nmo)é' (U.\-!'l.u.)o) ‘ (2.1)
n=0

where A * governs the amplitude and § is the dirac delta function. Thus, for

any type of periodic¢ impact, the resulting force pulse can be subdivided into
i a series of pure tone signals which are harmonically related, i.e., all fre-
- quencies are multiples of the fundamental frequency. In this case the contri-
buting frequencies are given by

i £, = (¥ RPM/60)n

The amplitude at each frequency is the Fourier transform of the signal divided
by the period (F{w)/T).

P The reduction of F(w)/T involves an.-assessment of the variatiom in F(w)
with T since the two are not independent. The quantity F(w) involves momentum
upon impact and is known to decrease with decrsasing period (T). Several of
the important factors affecting F(w)/T are listed in Table 2.1.

Table 2.1 Factors Influencing Excitation
1 Force pulse amplitude

Force pulse duration
Force pulse periocd

The effect of each of the parameters listed in Table 2.1 can best be de-
scribed by considering a hypothetical force-time history, shown in Figure 2.6%.

[N

*The case under comnsideration is that of the conventional straight knife cut-
; terhead commonly found in the woodworking industryf The general nature of the
f force~time history 1s known for this case, however, other type cutters, abra-
b sive wheels, drums, sanders, etc., can be treated in a similar way provided
the nature of the force-time history is known.



ENERGY
STORED
IN
WORKPIECE

DISSIPATION DISSIPATION
(1) DAMPING (1) SOUND RADIATION

(2) DIRECT TRANSFER (2) NON-COMPRESSIVE.
AIR MOVEMENT

Figure 2.4 Energy dissipation mechanisms

BLADE PASSAGE FREQUENCY

B.RE = N-RPM/60

N=NUMBER OF BLADES

R.PM.: REVOLUTIONS PER MINUTE
6»=2nRPMV%O)

Figure 2.5 Cutter-workpiece interaction

10




e

——miat
i !

FORCE

SRy/).7 —

TIME

Figure 2.6 Excitation force-time history

RESPONSE

TIME 3

Figure 2.7 Response-time history of chip.breaker

11




The variation in force with time (df/dt) is of considerable importance
and in some cases 1s actually of greater importance than the force magnitude.
As pointed out, the exact shape of the force pulse is not known; however, it
has been determined experimentally that the pulse duration is related to the
individual knife engagement time and the pulse spacing corresponds to the blade
passage frequency. An oscilloscope trace” taken from the chipbreaker mechanism
(which is Iin direct contact with the workpiece) is shown in Figure 2.7. The
superimposed oscillation corresponds to a resonant frequency of the chipbreaker
which was high enough to provide a reasonably clean trace.

It is apparent that reduced excitation of the workplece requires a reduc-
tion in the time rate of change of force acting on the workpiece. This can be
accomplished through a reduction in impact magnitude or a more continuous cut-
ting action. An approach that effectively smooths out the force-time varia-
tions acting on the workpiece is abrasive processes, such as sanding, which
essentially results in a zero df/dt due to stock removal. Another approach
is the spiral (helical) cutterhead design® shown in Figure 2.8.

In reference 4 the vibrational velocity of the workpiece due to cutter-
head impact was expressed in terms of the fluctuating force for straight knife
and helical cutterhead designs. For the straight knife cutterhead, the fluc—
tuating force was found to vary directly with workpiece width (Frms ~ w) as
contrasted to the helical case where the fluctuating force does not depend
directly on workpiece width. The magnitude of the fluctuating force for each
case depends on operational conditions as well as the factors listed in Table
2.1, Figure 2.9 1llustrates the improvement in the force-time history for
the helical design as opposed to a straight knife cutterhead. The importance
of multiple point contact in the helical design is illustrated in Figure 2.10
which shows the fluctuating force acting on the workpiece as a function.of a
contact ratio (workpiece width (w) to the distance between adjacent knife tips
(L)). For helical cutterheads it is necessary to distinguish between cases
in which more than onée knife is engaged in the cut and cases in which only one
knife is in contact at any given instant. The condition that more than one
knife be fully engaged is satisfied whenever w/L is greater than umity. Figure
2.10 indicates that for effective workpiece vibration control the ratio of w/L
should be greater than unity and ideally as large as possible,

It is possible to set a lower limit on the distance L by examining the ra—
diation efficiency of workpieces of various widths radiating near gnd above
the critical frequency. Utilizing a simple piston radiation model”, it can be
shown that values of the ka parameter (the product of frequency and workpiece
width) of about 2 or less result in a poor acoustical efficiency. This is
illustrated in Figure 2.1l which compares the radiation characteristics of
workpieces of various widths. Thus, cutterhead design should be such that
w/L > 1 for all workpiece widths of efficient radiating area.

Experimental results reported in reference 4 indicate a substantial de-
crease in workpiece vibration and a corresponding reduction in sound genera-
tion. Frequency spectra are presented in Figures 2.12 and 2.13 comparing the

- helical cutterhead with a conventional straight knife cutterhead. Workpilece

vibration levels produced by this helical cutterhead are substantially reduced,

12
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and frequency spectra do not exhibit the resonant workplece response near mul-
tiples of the knife passage frequency. It 1s noted that the vibration spectrum
for the helical case 1s only slightly different from the vibration spectrum
produced by the action of the feeding mechanism alone.

The radiated acoustic power for straight knife and helical cutterheads
1s given as

2

- 2 3
wstraight knife-,DFrms/npmt Cy (2.2)
. 2,2.2 :
¥helical ® pmwF%mslépmt ) (2.3)

where Cp = {sztZ[IZQm}%; (the bending wave speed),

density of air,

= fluctuating force acting on workpiece,
damping factor,

circular frequency,

Young's Modulus,

workpiece thickness,

density of workpiece,

workpiece width.

o
3,

E0OrmeE 3
non

nwnn

For the straight knife case, Frms is proportional to workpiece width so that
2 2
Frmsv Kw , where X = constant.

The power expression from equation 2.2 becomes

2

=-pKw2/npit C %Kyz. (2.4)

W 2
straight knife B

-

For the helical case, the fluctuating force (Frms) doces not depend directly on

workpiece width but varies with the contact ratic w/L (Figure 2.10). TFor cases
where w/lL is greater than unity, the fluctuating force shown in Figure 2.10 can
be approximated by a constant Ky so that equation (2.3) becomes

: 222
Whelical(u/I»1). = PWWKy/énp t Cp “Kyw (2.5)

Sound pressure levels for these two cases differ from power levels by a
constant depending only on room characteristics. Neglecting the operatiomal

17



constants K and Ky, the expressions for sound pressure level become

2,2
Lo (straight knife) ™ 1010819(W /w ) ~ 20log,(w/w ) (2.6)
LP(helical w/L>1) ™ 10l0310(W/W0) (2.7)
where w, = reference width. The predicted 6 dB increase in sound pressure level

. for a doubling of workpiece width in the straight knife case, and the 3 dB per

doubling for the helical case (w/L>1) are shown in Figure 2.l14. The effect of
aerodynamic and other secondary sources is apparent as well as differences in
level magnitude governed by the constants K and Ky.

Field test data for a production version of the helical cutterhead are

compared with noise levels produced by conventional cutterheads in Table 2.2.

Table 2.2 Comparison of Noise Levels Present
at the Operator Position for Planers
Equipped with Standard and Helical Cutterheads

Material Width Standard Cutterhead (dBA) Helical Cutterhead (dBA)

idle 91 78
g 90 81
4" 95 81
6" , 98 80
8" 101 81 !
10" . 103 82
12" 104 85
24" 108 87

Some of the advantages of continuous contact between the cutterhead and
the workpiece present in the helical design can be obtained by utilizing small
sections arranged to form a breakup type unit. The reduction in excitation is
usually less for these type heads than for the trie continuous helical design.
In instances where multiple peint contact cannot be practically achieved with
a helical design, a breakup unit consisting of a number of thin saw type cutters
stacked together to form an apparent helix is gquite effective. Such a cutter-
head is shown in Figure 2.15, An important consideration in the design of seg-
mented type cutters is the effective contact length of each segment and the num—
ber of segments acting on the workpiece at any givqp instant.

The means employed to reduce excitation of the workpiece reported in this
section have concentrated on alteration of the force-time history by smoothing
out the total fluctuating force acting on the workpiece. Other techniques in-
clude reductions in RPM and diameter to reduce impact velocity and increased

18
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edge sharpness to minimize the resistance upon impact. Techniques for
reducing input excitation through resilient cutterhead knife mountings, etc.,
are alsc possible; however, the effect of such alterations on cutterhead per-
formance and maintenance characteristics must be carefully considered. From
a practical standpoint, the best means of reducing workpiece excitation ap-
pears to be reduced force fluctuation achieved by continuous multipoint cut-
ting action. Such cutting characteristics can be achieved through cutterhead
design changes described in this section or by abrasive processes.

Reduction of Workpiece Response

Workpiece response to excitation occurs at vibrational frequencies gov-
erned by the physical characteristics of the workpiece, the nature of the sup-
port system, and the nature of the excitation. For the special case of a uni-
form beam subjected to a periodic force signal, the response can be expressed
as

- ? sin(nmx/2)sin(nmx,/2) 1 i
Y(st!) 2/Mn=1 mn‘ {(l-(w/mn)‘)‘i-Gi}F(w) (2 8)

where

Y(x, ) = displacement at position (x) and frequency {(w),

M = beam mass,
2 = beam length,
X = lengthwise coordinate,

Xg = location of force applicationm,

Wy = natural frequency of nth mode,

§; = internal damping,

F%w) = Fourier representation of forcing function

This steady state solution contains harmonic components at each of the forced

frequencies present in the Fourier series representation of the excitation force.

The term sin{nwx/L) is the expected sinusoidal variation in the response, while
the term sin(nnxoll) represents a suppression of frequencies in accord with the

location of the force on the beam. The excitatiod term F(w) dictates the frequen-

cies at which the response takes place. For periodic excitaticon, such as that
found in most cutting operations, the excitation pulse can be resolved into 2
series of pure tone components which are harmonically related, i.e., all fre-
quencies are multiples of the fundamental frequency. In the case of a straight
knife cutter, this corresponds to vibration excitation at the blade passage

-frequency and integer multiples of this frequency. _ From equation (2.8) the vi-

brational amplitude is seen to depend on the beam mass (M), the proximity of
the forced frequency components to natural frequencies (w/w,), and the damping
present in the system (§;). Alteration of F(w) or w was considered in the pre-
vious:section so that only other means of altering responses are considered
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herein. In practice, 1t is quite difficult to physically alter the workpiece
itself since the end product 1s of primary importance. Thus, techniques for
increasing stiffness, altering frequencies, and increasing energy absorption
are limited to those which can be accomplished artificially through changes
in excitation, changes in support systems, and contact systems having energy
absorption characteristics.

Increased Stiffness

Methods for increasing workplece stiffness usually involve area contact
between rigid support structures and the workpiece. In cases where the work—
piece is not "fed through the machine", solid clamping can be used effectively
to increase stiffness. TFor operations in which the workpiece passes through
the machine, contact shoes, chain belts, and other stiffening systems can be
utilized (Figure 2.16), Unfortunately, nonresilient stiffening systems which
make area contact with the workpiece often hinder the feeding operation and
seldom achieve true area contact due to surface irregularities in both the
workpiece and the stiffening mechanism. Conditions under which vibratory
energy is transmitted and reflected are discussed later in this report.

Increased Damping

The response of the workpiece given in equation (2.8) is also dependent
on the damping present in the system (§;). For practical purposes, this damp-
ing can be thought of as resulting from three mechanisms: (a) internal damp-
ing, (b) damping due to contact with other structures, and (c) radiation damp-
ing. The mechanism of damping is such that for a constant energy input to the
system, the vibration response reaches steady state so that the additiomal
energy supplied to the system with time evidently must be transformed into
another form. The mechanism of internal damping is generally accepted as hav-
ing to do with heat conduction between differently strained regions in a ma-
terial and is defined in terms of a loss factor which depends on the energy
dissipated per cycle of vibration. The damping loss factor of several common
materials is given in Table 2.3.

Table 2.3 Representative Damping Loss Factors

Material loss Factor
Steel 0004
Oak .0100
Rubber . 1.0000

In addition to limiting the amplitude of vibration response, especially
near resonances, damping also directly affects the attenuation of bending waves
with increasing distance from the source of excitation. This is an especially
‘}mportant aspect when dealing with extremely long beams having vibration fields
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which cannot be properly categorized as reverberant. The raquirements for
appreciable attenuation in such cases are high damping, small wavelength
(high frequency), and long beam lengths. In most instances, these parameters
can only be altered through the use of externally applied systems. Several.
externally applied damping techniques are listed in Table 2.4,

Table 2.4 Externally Applied Damping Techniques

Attached Layers
Resonant Systems
Air Pumping Systems
Granular Systems
Rattling Systems

The most neotable means of achieving large amounts of structural damping
is the use of attached wviscoelastic layers. These layers take advantage of
the energy storage properties of viscoelastic materials when subjected to shear
deformation. Such treatments may be single layers, multi-layers, or layers
sandwiched between constraining plates. Energy absorption by free (uncovered)
layers is primarily due toc flexure and extension of the layers. The loss fac-
tor of such a system depends on the relative thicknesses and elastic modulus
of the viscoelastic layer and is illustrated in Figure 2.177,

When a constraining cover plate is attached to the viscoelastic layer,
the bending motion also produces shear in.the viscoelastic layer. The effec~-
tiveness of such a system depends on how well the viscoelastic layer couples
the flexural motions of the tweo plates. In practice, the ratio of plate stiff-
ness to damping layer stiffness, the bending wavelength, and the less factor of
the constrained layer must be considered when using such an arrangement. The
damping of such a system is frequency dependent and consequently systems must
be designed-for each application. The use of the damping techniques presented
in this section is complicated by the requirement that the damping system be
securely attached to the vibrating structure. The major difficulty with such
systems in conjunction with a moving workpiece is attachment se as to insure
proper energy transfer. A constrained layer system for possible use in con-
junction with a vibrating workpiece is illustrated in Figure 2.18.

In cases where damping cannot easily be achiéved through the use of com—
posites, it is possible to transfer vibratory energy into tumed resonators.
Such resonators may consist of spring mass systems attached to the surface of
the vibrating structure and usually provide damping in a rather narrow frequency
band as opposed to the broad band effects possible with composites. Unfortu-
nately, the selection of optimum tuning and damping parameters requires a spe-
cific knowledge of attachment points, resonant beam frequencies, etc., which
is not usually practical for random workpieces movihg through a machine. A
detailed treatment of the use of dynamic vibration absorbers for variocus beam
structures is presented in reference 6. Two examples of such systems are pro-
perly tuned spring mass systems in contact with the vibrating structure and the
attachment of thin plates normal to the vibrational axis of the structure, as
shown in Figure 2.19%, The broad frequency response shown in Figure 2.19 is
obtained by employing damped plates of varying length and indicates a possi-
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bilicy of interesting vibration response reduction in a practical sense.

The effect of an externally applied resonant system has been cobserved
experimentally for the chipbreaker mechanism used on wood planerss. The chip-
breaker consists of a number of spring loaded pads which contact the workplece.
The chipbreaker response (Figure 2.20) is seen to occur at frequencies of ap-
proximately 500 and 6000 Hz and is dependent on the particular construction
detalls. The natural vibrational frequency of the individual spring loaded
pads can be approximated by

= 1

£ = g/k/m

where k = individual spring stiffness,
m = mass of shoe,

The resonant response shown in Figure 2.20 at 500 Hz falls in the range of typi-
cal chipbreaker design. A comparison of planer noise levels for operation with
and without the chipbreaker is shown in Figure 2.21. The large difference ob-
served suggests that properly tuned resonant systems similar to the chipbreaker
could be used effectively to reduce workpiece response and associated noise.

The effect of edges and other discontinuities on the system damping loss
factor has been treated in reference 6 for the case of panels. In effect, a
discontinuity "absorbs'" a portion of the incident energy and is defined through
an absorption cecefficient involving the fraction of the bending wave energy
which 1s not returned to the panel. The energy that can be.dissipated by a
structural member in contact with the vibrating system depends on the nature
of contact which is governed by the fastening method employed. In general,
multiply fastened or contacting systems add an additional damping mechanism
due to air compression between adjacent surfaces. The effectiveness of the
system is proportional teo the width of the discontinuity and depends primari-
ly on a ratio of the distance separating connection points to the flexural wave -
length of the vibrating structure. TFor the case of a beam, the vibraticmal
field is such that the wave motion is in phase across the beam width, thus the
orientation of the damping structure must be in the direction of wave propaga-
tion. -

The use of granular materials (such as sand) for damping is quite common,
primarily for econemic reasons. The material is usually placed in voids or
specially desipgned cavities within a structure. The damping mechanism involved
is believed to be the conduction 8f energy into the sand where the energy is in
turn dissipated. It can be shown that system resonances, and hence high losses,
occur when the thickness of the granular layer is ath odd multiple of a quarter
of a structural wavelength. The structural wavelength for workpieces varyiug
from 1/2" to 2" in thickness in the frequency range from 500 Hz to 5000 Hz
ranges from about 30 inches to 8 inches. 1In practice the granular layers should
be nonuniform in thickness sc that damping can be achieved over a wide range of
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frequencies rather tham just at or near resonances.

The final damping mechanism to be considered is an energy removal process
Involving intermittent impulsive contact between a vibrating structure and
another body. This "rattling" mechanism involves energy transport due to energy
losses at contact points, where large contact stresses may be present. An
example of such a mechanism is the notable increase in plate damping when loose
rivets or plugs are utilized as opposed to the case of tight plugs.

Alteration of Wave Propagation Characteristics

In the preceding sections the effects of stiffness and damping have been
discussed along with means of altering these parameters. In addition, wave
propagation along a vibrating structure can be drastically altered by discon-
tinuities causing incident energy to be reflected to some degree, thus reduc-
ing the energy proceeding past the discontinuity. Several methods for reducing
vibration transmitted beyond a2 certain point are listed in Table 2.5.

Table 2.5 Techniques for the Reduction of Transmitted Vibration

Changes in cross section
Cormers or branches
Blocking masses
Effective termination

Although the attenuation characteristics of each method will be discussed indi-
vidually, it is quite difficult to distinguish between mechanisms since the
addition of an extermal system has an effect on stiffness, mass, resonant fre-
quencies, and damping as well as the reflection of energy due to the discon-
tinuity. In analyzing a system designed to prevent the transmission of vibra-
tory energy beyond a discontinuity, it is helpful to refer to the diagram of
Figure 2.22.

When waves propagating along a structure encounter changes in cross sec-
tion or material, a portion of the Incident energy is reflected. 1In practice,
changes in cross sectional area on the order of 50 to 1 are required to achieve
. appreciable transmission loss. For workpiece vibfation, this technique is of
little practical interest.

The transmission loss associated with the junction of two structures in a
manner conducive to the transmission of bending moments from one to the other
is of some practical interest in the reducticn of workpiece vibration trans-
mission. The methoed of analysis of cormers at right angles applies to the bend-
ing wave energy transmitted past a simple rell support which is of major inter-
est in the present analysis. For the boundary conditions that apply to simple
supports {equal angular velocity and bending moments on either side of the sup-
port and zero transverse velocity at the support) it can be shown that 50% of
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the incoming energy is reflected. Unfortunately, the resulting transmission
loss from such a system is quite sensitive to the nature of contact, and any
deviation from a flexurally rigid junction can cause large discrepancies. It
is Interesting toc note that the workpilece-pressure bar configuration commonly
found in woodworking machinery resembles to some degree the "T" junction showm
in Figure 2.23. As the thickness of the intersected plate is increased, the
attenuation approaches the case of a rigidly clamped support (termination).

As in the case with structural damping, a major difficulty exists regarding
the proper contact mechanism.

When structure borne waves impinge on structural supports (ribs, etec.),
the supports act as attached masses which can block the propagation of waves.
This blocking effect occurs for bending waves even in the absence of zero
forces and moments at the point of attachment. This results from the require-
ment that the forces and moments need only to interact so as to produce a near-
field condition preventing the transmission of bending waves. The conditions
for total transmission past a single blocking mass are met at a lower frequen-
cy than the frequency of total attenuation so that a blocking mass behaves
basically as a low pass filrcer.

In analyzing the attenuation of bending waves by attached blocking wmasses,
two ratios are found to be of primary impertance, These involve a mass param—
eter and a structural parameter and are given by

= %1 m/m' (mass parameter) (2.9)

v = {mym}fﬁ7m (structural parameter) (2.10)

where } = bending wavelength,

blocking mass,

"= mass per unit length of beam,

= mass moment of inertiaz of attached mass.

i <

The transmission loss provided by a blocking mass is somewhat complex and 1s
given in reference 6; however, several important gharacteristics of blocking
masses which depend on these ratios are listed.

(1) At low frequencies the transmission becomes complete.

(11) At high frequencies the product of transmission coefficient (t) and
u approaches 2. This implies that at high frequency (short wavelength)
t is small provided ¢ is large. A

(111) Between the frequenciés given by (1) and (ii), total transmission
occurs when

ud + 2p2 - 2/v2= 0,
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(iv) Above the frequency given by (111), total attenuation occurs when
4+ u+ viud= 0.~

(v) Above the total attenuation frequency, the transmission loss may be
approximated by

R = ZOloglo(uIZ) dB.

If 4 can be neglected in the expression for total attenuation, then u = 1/v
for total attenuation and

A= 20//m .

In this discussion it is assumed that the added mass is rigid so that all points
participate in the rotational motion. The obvicus deviation of light bodies

with large radii of gyration from the ideal rigid case adversely affects the
attenuation. It is quite interesting to note that the case of total transmission
occurs when the rotational inertia of the blocking mass is disconnected as would
be the case with a mass attached flexibly to the primary structure. At high
frequency, the mass remains at rest, and the situation is identical to a beam
supported at a single point where 50% of the incident energy is reflected. The
cases for rotational participation and rotational disconnection are shown in
Figure 2.24.

In practice, the conditions just discussed differ from the ideal case
primarily because of the existence of reflected (returning) waves., The primary
problem with reflected waves is the possibility of resonance of the portion of
the structure beyond the blocking mass., This means that the effectiveness of
a blocking mass is sensitive to whether or not the primary transmitted wave adds
in phase with the reflected wave. In the resonant case the portion of the beam
beyond the blocking mass may accept more energy from the source than the connect-
ing elements, leading to a condition worse than the case without a blocking mass.
Likewise, if antiresonance occurs, additional attenuation may be cbserved. An
auxillary movable blocking mass can be employed to accomplish the antiresonant
condition at a particular frequency. The problem of reflected waves is diffi-
cult to overcome when a large number of frequencies (and hence structural wave-
lengths) are involved. The results of attaching blocking masses to systems
having reflective terminatiogs are difficult to predict, and experimental data
exhibit considerable scatter . For long workpieces having fairly large damping,
it is possible to achieve substantial transmission losses even though the end of
the workpiece is reflective in nature.

‘ . 3
The simple case of a blocking mass attached to a vibrating workpiece can
be analyzed by using equations’ (2.9) and (2.10) provided the requirements of
point attachment and participation of the mass in the angular motions of the

8o
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workpiece are met, These formulations can alsc be used in cases where the
width of contact is small compared to the bending wavelength. Cases where the
width of the attached mass exceeds the point contact limitation must be
analyzed subject to different boundary conditions as will be discussed in the
next section. In practice, the existence of reflected waves from the end of
the workpiece and the difficulties involved in achieving point contact with-
out. rotation make the utility of blocking masses as a means of significant
attenuation of bending waves questionable.

As a result of difficulties with reduction of workpiece response through
changes in stiffness, damping, and the previously discussed waye attenuation
methods, a theoretical and experimental program was undertaken , The program
was aimed at modeling and experimentally investigating the effect of various
external systems on the reduction of vibration transmitted beyond the point of
application. This approach involved the artificial termination of the vibrating
structure so far as bending wave propagation is concerned. In effect, the sys-
tem is such that bending moments and angular velocities in addition to trans-
verse motion are suppressed over an area sufficient to prevent bending wave
propagation beyond the discontinuity.

It is recognized that for the reverberant type vibrational fields under
discussion, complete reflection can result in higher vibration levels within
these constraints, Thus, to accomplish noise control, the system must be used
in conjunction with an acoustical enclosure. The advantage is that only that
portion of the vibrating workpiece between the constraints need be enclosed
as opposed to enclosing the entire vibrating workpiece. The utility of such
a system becomes apparent in view of the common practice of sawing and planing
boards of 10 to 20 feet in length prior to cutting, which would otherwise ne-
cessitate enclosures in excess of 40 feet in length. Referring to the flow
diagram presented in Figure 2.22, the system absorbs, transmits, and reflects
portions of the incident energy. The requirements for absorption are met when
there is an impedance match and can be analyzed in terms of a dynamic absorp-
tion system as discussed in the previcus section. The impedance characteris-
tics of a particular discontinuity are known to depend strongly on the effec-
tive mass and stiffness of the discontinuity as well as the length and nature
of contact.

In reference 8, vibration suppressors attached to a vibrating beam were
studied for contact areas exceeding one half of a structural wavelength. The
stifiness properties of the system were modeled as a series of linear springs,
and lumped masses were used to approximate the effect of mass locading. The
two models are illustrated in Figure 2,25, The coverage of at least ome half
of a structural bending wavelength results in complete termination of the prop-
agating wave for the limiting case of infinite stiffness or infinite mass.

In the stiffness model of Figure 2.25(a), the springs can only transmit com-
pressive forces which are assumed to be proportiomal to the deflections occur-
ring at the spring contact points. The mass loading effect i1s analyzed by
means of lumped masses which are connected to the beam in a manner that per-
mits rotational as well as transverse motion. Typical normalized results for
the stiffness and mass models are shown in Figure 2.26 and 2.27 for a -stiff-
ness ratio (the ratio of the distributed spring stiffness to the beam stiff-
ness) and a mass ratio (the ratio of the lumped mass to the mass of the beam

-
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per unit length) of ten. As expected, a general tendency of increasing atten-
vation as the system approaches the case of zero displacement along a distance
of one half of a structural wavelength was observed.

An experimental investigation was performed in reference 8 in which the
effect of stiffness and mass loading systems on vibration attenuation for beams
was examined. Although it was quite difficult to separate and identify the
effects of changes in stiffness, wmass, damping, etc., in addition to the prob-
lems associated with a reflective termination, the investigation did identify
important parameters which are helpful in the design process. The experimental
arrangement utilized in this study is shown in Figure 2.28. The test facility
was equipped with a hydraulic jack system which provided the required range of
contact pressures, Beams of two different materials were utilized for testing
purposes, mild steel and red oak. The physical properties and dimensions of
the test beams are given in Table 2.6,

Table 2.6 Workpiece Models and Related Parameters

Young's _ Critical

Dimensions Modulus Density Frequency
‘Material (in) (1b/in?) (1b/ind) (Hz)
Steel 1 x 1/8 x 36 29,00x108 0.282 3963
Dak ‘ l1xk x 36 1.78x106 0.028 1277
Oak l1x1lx 36 1.78x108 0.028 638

These particular beams were chosen to provide the range of critical frequencies
and beam thicknesses that were necessary for suppressor evaluation. The sup~-
pressors consisted of-steel or neoprene rubber pads having the required dimen-
sions and were located at the geometric center of the workpiece. Excitation
was near the critical frequency and was provided by an electromechanical shaker
system attached to one end of the beam with several types of input signals.
Beam vibration data were obtained by piezoelectric type accelerometers located
on either side of the suppression device. The effectiveness of the various
configurations was determined by comparing the maximum vibration levels on

.either side of the device. In the experimental program, a paraumeter of major

importance was the contact length ratio (R) defined as
R = R/lcr

where & = contact length of the suppressor, )
bending wavelength of the beam at the critical frequency.

)‘cr
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Values of the contact ratic (R) for the three test beams (Table 2.6) are pre-
sented in Table 2.7 for several values of the contact length.

Table 2.7 Approximate Values of R

Contact : ' R

Length (in.) 1/8" Steel 1/2" Qak 1" Qak
1 0.30 - 0.10 : 0.05
2 0.60 ‘ 0.20 0.10
3 0.90 0.30 0.15
4 1.20 0.40 0.20
5 1.50 - 0,50 0.25
6 1.80 0.60 0.30

Experimental results for the ! inch oak beam subjected to a square _wave exci-
tation are shown in Figure 2.29 for a contact pressure of 80 1lb/in®. The steel
suppressors are observed to effectively reduce the transmitted vibration for
all contact lengths tested, while the neoprene suppressors become effective
only for quite large contact lengths. Results for a 1l inch beam having a cri-
tical frequency of 638 Hz, as compared to 1277 Hz for the } inch beam, are
shown in Figure 2.30. Again the steel system results in a more effective supp-
ressor.

As a result of the difficulties associated with achieving contact with
moving workpieces over long spans, a number of other suppressor configurations

‘wera examined., The main results of this portion of the investigation can be

observed from Figure 2.31 which shows the reductions achieved for two suppressor
configurations corresponding to a separation distance of 1/4 and 1/8 structural
wavelength for the 1/2 inch oazk beam with square wave excitation. The effec~
tiveness of the double suppressor system was observed to be essentially inde-
pendent of whether rubber or steel suppression blocks were employed, a result

of major importance from an applications standpoint. The conclusions reached

in reference 8 point out the necessity of achieving an impedance mismatch, as
illustrated by the relative success of the steel suppression blocks as compared
to the rubber suppressors. The rubber masses are capable of reflecting consi-
derable amounts of energy but as expected are quite sensitive to contact length,
exerted pressure, nature of excitation, etec., and-exhibit somewhat erratic be-
havior. It was possible, with the separated arrangement, for flexibly attached
rubber suppressors to be quite effective in vibration attenuation.

The effective use of a vibration suppression system in conjunction with a
small acoustical enclosure for wood planer noise control has been reported”.
The suppression system consisted of a rubber tire-plate arrangement and was de-
signed to restrict vibratory motion over a relativély large area of the work-
piece. The system is shown schematically in Figure 2.32. The use of foam fil-
led tires deviated appreciably from the ideal cases described previously; how=-
ever, due to inconsistencies in workpiece shape and thickness, a flexible contact

‘device was deemed imperative. Optimization of the normal force acting om the
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workpiece, the requlred flat area, etec., was performed on an experimental test
apparatus?. The suppression system was field tested on a double roughing planer
equipped with two input and output sets of feed rolls powered by a direct hy-
draulic drive. This arrangement was altered to test the suppressors by replac—
ing one set of infeed and outfeed rolls with the foam tire-steel plate arrange-
ment. Thé tire flatness and normal force (F) were adjusted so as to provide
maximum suppression without interfering with the feeding of lumber through the
machine., Sound and workpiece vibration measurements taken under the conditicons
glven in Table 2.8 are presented in Table 2.9.

Table 2.8 Operational Conditions

- Cutterhead Speed = 3600 RPM
Cutterhead Diameter = 7"
Feed Speed = 250 ft/min
Board Length = 12 ft.
Board Thickness = 1/8"
Board Width = 8"
Cutting Depth = 1/8"
Wood Species - red oak

Table 2.9 Test Results

Workplece Vibration Sound Level at

Machine Condition Reduction Operator Position
Straight knives {(no enclosure) No suppression 118 (dB)
Straight knives (with enclosure) No suppression 112 (dB)
Straight knives (with enclosure) 18 (dB) 97 (d4B)

The overall noise level at the operator position did not reflect the 18 dB
reduction expected because of limitations of the acoustical enclosure covering
the area between suppressors. The enclosure 1s seen to be relatively ineffec-
tive (5-6 dB) for long workpieces without suppression but provides substantial
noise reduction (18-20 dB) when used in conjunction with the suppressors. The
suppressors do not offer noise reduction for workpiece lengths less than the
length of the acoustic enclosure. Although the sﬁppression system reduced work-
piece vibration by approximately 18 dB, it acts only on the portion of the board
extending beyond the suppressors. Thus, the longer the workpiece, the more evi-
dent the difference between the suppressed and unsuppressed planer equipped with
a compact acoustic enclosure.

Suppression of board vibration has been demongtrated to be an effective
measure in controlling planer noise when used in conjunction with a compact en-
closure. A disadvantage of such systems is the additional maintenance consid-
erations which, when compared to the available tooling alterations presented

garlier, detract from the use of these systems on planers.
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Special Case - Moulder

It is of interest to consider the special case of the moulder machine illus-
trated in Figure 2.33. The moulder is used to surface and shape material of
various lengths, widths, and thicknesses and represents an important noise
problem in the woodworking industry. The moulder 1s of special interest since
it is a source of quite intense noise (often in excess of 110 dBA at the opera-
tor position) and incorporates several of the physical prineciples discussed in
this section,

As illustrated, the workpiece is fed through the machine by a system of
chain belts and rolls on-the infeed and passes under a spring loaded chipbreaker
section as it moves intoc the cutting tools. As the workpiece exits the cutters,
a holddown system is empleyed to stabilize the workpiece. As might be expected,
the dominant noise source for the moulder is structural vibrations of the work-
piece. Vibration measurements have indicated that the portion of the workpiece
extending beyond the feeding apparatus on the infeed does not experience appre-
ciable vibration and from a sound radiation standpoint can often be neglected.
This is due to the action of the mechanical feed works which tend to prevent
the propagation of bending waves by clamping the workpiece over a large effec~
tive area. In additicn, the chipbreaker mechanism acts as a vibration absorber
to some degree along with several damping mechanisms which tend to attenuate
transmitted vibrations by as much as 15 to 20 dB in many instances. The supp-
ressing action of the feeding works reflects a large amount of the incident vi-
bratory energy which then is distributed over the remaining area, resulting
in increased vibration levels. On the outfeed end of the machine, the hold-
down pressure bar does not make ideal contact with the workpiece and rotational
motion of the workpiece is not restricted appreciably. The result is effective
transmission of vibration along the portion of the workpiece extending from the
infeed mechanism. It is this portion of the workpiece (the length of this por-
tion continuously changes as the workpiece is fed through) that is primarily
responsible for sound generation.

Although it is possible to employ the techniques discussed for reducing
workpiece response (which are present to some degree on the infeed), it has been
common practice in cases where the workpiece length is not excessive to utilize
an acoustical enclosure. These enclosures take advantage of the reduced work-
piece vibration levels on the infeed end of the mgchine while allowing adeguate
space for the workpiece to fully disengage all cutters prior to exiting from the
outfeed of the enclosure. The enclosure system is shown in Figure 2.34. The
enclosure 1s constructed of simple building materials and crosses over the infeed
of the machine so as not to interfere with feeding. The ocutfeed of the machine is
extended to allow for complete disengagement of the workpiece from all cutterheads.
Noise level reductions at the operator for such an enclosure range from 15 to 25
dBA, depending on the design. Y

A second approach to noisé reduction in moulders is the use of helicazl or
mill to pattern type cutterheads. While this apprecach is quite effective, it
ds often difficult to completely retocl a moulder when great numbers of pattern
shapes are utilized. The tooling concepts discussed previously can be applied
directly to the moulder, |
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Reduction of Workplece Radiation

In the context of this report, reduction of workpiece radiation involves
the use of acoustical techniques in the path, as opposed to the techniques for
source reduction discussed previously. It is recognized that radiation char-
acteristics can alsc be altered by other means such as alteration of the cri-
tical frequency, medium, etc..

The primary elements of a noise generation/receiver system are shown in
Figure 2.35. 1In this discussion, the source of noise is the workpiece vibrat-
ing in a steady state reverberant condition. The vibration level over the en-
tire workpiece is essentially constant so that the radiated sound is assumed
to emanate from all portions of the workpiece equally, The path is the space
separating the source and receiver (the machine operater). The noise observed
at the operator position is directly affected by the source intensity, the
distance separating the source and receiver, the room condition, and any re-
flective or absorptive structures placed in the normal transmission path.

Means of reducing source intensity, i.e., the vibration levels present in
the workpiece, have been discussed in some detail. The effects of distance I
and roem condition can best be discussed in view of Figure 2.36 which illus-
trates the direet and reflective sound fields present at the operator. The
interrelationship between direct and reflective radiation, distance, and room
conditions (acoustically) can be deduced from equation (2.11)7.

Ly = Ly + 10log;4(Q/S + 4/R) + 10.5 dB (2.11)

Where L_ = sound pressure level (re. .0002 ubar),

L, = sound power level (re 10 12vatts),

Q = directivity factor (measure of variation in L, with position),
S. surface area (2n7r ) where r is distance from the source,

R

room constant (measure of absorption).

nu

The sound pressure level is directly proportional to the sound power output

and depends on two ratios, Q/S and 4/R. The term &4/R involves the reflective
field where R is a measure of room absorptivity. _The term Q/S involves the
direct field where 8 is related to the separation distance between the source
and the receiver. 1In cases where the distance between the source and receiver
is small, Q/S is greater than 4/R and the direct radiation field is of primary
importance. In such cases, adding absorptive material to the room is not effec-
tive. 1In cases where the operator is far removed from the source (or extremely
small reflective rooms) Q/S is less than 4/R and the reflective field is also
of importance. In these cases the addition of absorptive material can be ad-
vantageous. For large open areas the term 4/R can often be neglected in equa-
tion (2.11), resulting in the familiar -6 4B per doubling of distance law.

For extremely large open factory areas, the use of room absorption is usually

of minor benefit for machinery operators, although it may have a beneficial

effect on plant background noise levels (locations far removed from any parti-
cular machine). When acoustical techniques other than addition of room absorp-
tion are employed, equation (2.11) must be modified to account for changes in
effective distance (barriers or shields), changes in path absorption (absorptive
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shields), or changes in effective source strength (enclosures). The effective~-
ness of several of these techniques 1s illustrated in Figure 2.37, In this
example, the source has been characterized as emitting broad band sound {spread
evenly over a wide frequency range) so that the effect of the varicus tech-
niques can be easily compared at the various frequencies. The use of an acous-
tical shield or barrier typically results in noise level reductions of 5 to 10
dB at the higher frequencies, provided the operator is in the acoustical shadow
of the shield. The effectiveness of such shields can be determined from the
theory of Fresnel diffraction’. The attenuation provided by barriers can be
increased by utilizing sound absorption material on the source side.

The use of acoustical enclosures (total or partial) is the most effec-
tive path means of reducing noise levels substantially. There are, however,
several important considerations when an acoustical enclosure is to be employ-
ed which are listed in Table 2.10.

Table 2.10 Factors Influencing Total Enclosure Effectiveness

(1) Construction materials

(2) Proper construction and isolation

(3) Sealing of openings and cracks

(4) Vibrating workpiece not covered by enclosure

The effectiveness of an enclosure is affected by the transmission loss
characteristics of the wall material (a measure of the wall's ability to pre=-
vent sound transmission) and the type absorption material employed. Both the
transmission loss and absorptivity characteristics depend on frequency, as il-
lustrated in Figure 2.38 for typical construction materials.

Another important consideration in enclosure effectiveness is proper con-
struction and vibration isolation. 'Vibraticns of a low frequency imparted to
an enclosure through the floor or through direct contact with the machine can
excite higher frequency vibrations in the enclesure structure. Proper construc—
tion of an enclosure therefore requires that the machines (or enclosure itself)
be isolated from the floor to prevent a loss in effectiveness. It 1s also ad-
visable to decouple the enclosure panels from the framework by socme type of
isolation system to reduce the edge stiffening that occurs when panels are
rigidly fastened to a support structure.

A major prohlem with the use of total enclosures is the proper sealing of
openings left for machine feeding purposes. The effect of untreated openings
is shown as a percentage of wall area in Figure 2.39 along with the effect of
the total area treated with absorption material. The importance of minimized
opening area is apparent from Figure 2.39. Cases where a wall or partition
has windows or openings (either treated or untreated) can be analyzed by using
equation (2.12) which 1s valid for a wniform acoustic field of plane waves.

R = 1010g (1 + A/T) (2.12)
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In equation (2.12) R = noise reduction facter (dB),

a = absorption coefficient,
T = transmission coefficient,
A=

® a8y ,
5=1 3°3
T =j§1Tij ’
Sj='area of jth surface.

1t is of interest to note that when A = Q0 (no absorption) the noise levels
inside and outside the enclosure become equal. This does not occur In prac-
tice since all materials absord sound to some degree. The case of an open-
ing (1t = 1) can be examined in terms of the percentage of total opening area
from equation (2.12).

The requirement for air makeup to replenish air removed from an enclosure
due to dust and chip collection is normally accomplished through ducts; however,
the acoustical performance must be taken into account. Adequate noise reduction
can be accomplished through the use of acoustically lined ducts having one or
more elbows.

Since sound is produced along the entire length of the vibrating workpiece,
it is apparent that the complete source is not enclosed when any portion of the
workpiece is exposed while engaged in the cutting unit. This results in consi-
derable difficulty when extremely long workpiece lengths are encountered and
prompted studies into vibration suppression techniques. The importance of
enclosing a high percentage of the workpiece becomes apparent in view of the
fact that halving the.size of an acoustic source results in only a 3 dB reduc-
tion in radiated acoustic power.

Control of Tool Vibration Noise

Tool vibration produced noise is characterized by Figure 2.2. Most cutter-
heads, bits, drills, etc. do not radiate appreciable sound via structural vibra-
tion; however, such tools do create significant aerodynamic noise as will be
discussed in a later section of this report. The most important tool frem a
vibration standpoint is the circular saw blade (shown in Figure 2.40) which
is capable of producing intense noise as a result of forced and free vibration
response. Typical saw blades are constructed of alloy steel which possesses a
low internal damping factor. 1In addition, saw blades usually range between
1/16 and 3/16 inches in thickness and are easily extited, responding with large
vibrational amplitudes. In view of the importance of this tool noise generatlon
source, only the circular saw blade will be discussed in any detail.

"o Means by which this noise can be reduced are apparent from Figure 2.2 and

include: 1) reduction of tool excitation, 2) reduction of tool response, and
3) reduction of tool radiation. A reduction in excitation normally involves

-
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tool redesign or a change of cutting process, while a reduction of tool response
could incorporate redesign, damping, or vibration suppression techniques. Reduc=
tion of tool radiation refers to the use of shields, barriers, and partial or
total enclesures; although. in some instances alteration of sound radiation
characteristics can be accomplished.

Reduction of Tool Excitation
The excitation mechanism fer circular saws is generally attributed to
aerodynamic disturbances or rotational sources during idle and tooth impact

sources during cutting. These sources along with several other excitation
mechanisms known to exist for circular saws are listed in Table 2,11,

Table 2.11 Sources of Excitation for Circular Saws

(a) Mechanical balance
alignment
(b) Aerodynamic turbulent flow

stationary surfaces

{c) Acoustic guards
reflective surfaces

(d) Operational tooth impact
misalignment

The response characteristics of circular saws are presented in the next

" section; however, it is appropriate to peoint out at this juncture that only a

very small external force at the proper frequency can produce resonant response.
In view of the number of extermal forces acting on the saw blade, it is appar-
ent that sufficient energy is available to excite strong vibration response
over a wide frequency range. The vibration response consists primarily of
forced and free resonant response. Such a classification is obviously an
oversimplification of a complex and interrelated aero-elastic problem; however,
it does serve as a basis from which the variocus sources of excitation given in
Table 2.15 can be evaluated and means for reduction proposed.

Mechanlcal Source Reduction

Mechanical sources such as unbalance, blade wobble, and saw blade/shaft
misalignment are responsible for exciting saw blade resonance in some cases and
explain the apparent ancmalies involving blades which rescnate on some machines
and do not on others. Simply removing and reinstalling a saw blade has eli-
minated a resonant condition in some instances. The unsteady forces that result

from mechanical shortcomings can be reduced through more careful manufacturing

and installation procedures. This can result in a reduction in excitation of
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the blade and eliminate the "screaming" phenomenon. Typical mechanical problems
capable of producing unsteady forces are illustrated in Figure 2.41. The means
of reducing the mechanical problems 1llustrated in Figure 2.41 are apparent and
include a thorough check of manufacturing tolerances and component condition
along with dynamic balancing of the saw blade.

Aerodynamic Source Reduction

The reduction of aerodynamic excitation is of major importance from both
vibration excitation and aerodynamic noise generation standpoints. The exist-
ence of a turbulent boundary layer in the vicinity of the tooth and gullet
area can produce an unsteady force field which is responsible for aerodynamice
noise production as well as saw blade vibration excitation. Means of reducing
aerodynamic excitation include gullet redesign, reduction in peripheral speed,
ete. and will be discussed in section ITI.

Acoustic Source Reduction

Sound energy which is normally radiated intoc free space can be reflected
in such a manner as to acoustically excite the saw blade. This situation can
occur when a guard or highly reflective enclosure is placed around the saw
blade or conceivably when an unguarded saw is operated in a highly reverberant
room. In these cases, vibration can be excited by means of reflected sound
waves in much the same manner as a plate excited by airborne soundl0, 1In addi-
. tion, the effect of radiation loading on the saw blade due to the ambient medium
must be considered in some cases. From an energy standpoint, this forms a
coupled system consisting of the sound field and the vibrating saw blade. The
effect of a structure near the saw blade which is not acoustically treated is
to change the modal mass or stiffness. The stiffness becomes large at frequen-
cies corresponding to certain standing wave patterns (i.e., standing waves
having nodes at the structural surface). For other values of the distance from
the blade to the structure, the additional stiffness becomes zero at a particu-
lar frequency resulting in resonant response. The modal frequencies.can be
considerably different from those encountered in free space in these cases.

In cases where acoustic excitation is of importance, blade resonances can be
eliminated by removal of the guard or reflecting surface or the addition of
absorptive materials. -

Operational Source Reduction

During the cutting operation, the rotating saw blade is brought into con-
tact with the workpiece, and both the blade and workpiece experience unsteady
forces. These forces result from the impact of the saw teeth on the workpilece
and the rubbing action set up between the saw blade body and the workplece.

The magnitude of these sources of excitation depends on saw blade design, oper-
ational conditions, and machine/workpiece alignment. The response during cut-
‘ting is primarily forced response occurring at or near resonant frequencies
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where energy input is availlable.

A reduction in excitation of the saw blade requires a reduction in extermal
forces developed during the cutting process which can be accomplished to some
degree by alteration of saw blade design. The exact nature of the forcing
function acting on the saw blade is unknown since it is quite difficult to ob~-
tain experimentally. The individual tooth impact may be considered as a simple
case of point impact delivering an ideal "spike" force, F(t), or

F(t) = E Fncos(nwst) (2.13)
n=1

having a period T = 1/fS

where fS = frequency of impact (ws/Zn),
Fn = 2/TOITF(t)cos(nmst)dt(the Fourier coefficients),
t = time,
n = index.

If it is assumed that the pulse duration 1is so short that cos(nmst) does not
deviate appreciably from unity, then

F = 2L/T 2.14)

where 1 is the momentum resulting from impact, and

F(t) = ,(2/T)T cos(nugt) . (2.15)

Thus, the'input frequency spectra produced by this simple case consists of con-
tributions of magnitude 2I/T occurring at frequencies fs, 2fs, 3fS eras

A second source of excitation is the rotational source mechanisms which
include unbalance, rubbing, etc. caused by manufacturing error or improper
alignment, The exact nature of this excitation is alsc quite difficult to char-
acterize; however, the force pulse can be characterized in much the same manner
as tooth impact through the use of Fourier's theorem. Essentially, the excita-
tion can be broken up into an infinite number of pure tone components, which
results in a frequency spectrum consisting of contributions at the rotational
frequency and harmonic frequencies. No assumption is made as to the exact shape

“of this rotational input; however, it is normal to expect the magnitude of the

harmonic frequency contribution to decrease with increasing frequency. A com~
posite of the forcing functions discussed is presented in Figure 2.42 for the

-
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case of ideal (delta function) iImpact at the tooth passage frequency (NRPM/60)
along with rotational forcing in the form of a modified sine wave, representing
a tubbing action occurring over one portion of the blade.

A reduction in excitation during cutting requires an alteration of both
rotaticnal disturbances as well as impact characteristics. The magnitude of
the rotational excitation can be reduced through improved manufacturing toler=-
ances, balance, etc., and in some cases increased clearance between the saw
tooth and the plate (side clearance). The use of material spreaders, wiper
slots, etc. are also useful in reducing contact between the saw plate and the
workpiece.

The excitation provided by tooth impact is dependent on the momentum (I)
and the period (T) as indicated in equation (2.15). A reduction in F, requires
an increase in T, a reduction in I, or both. From a practical standpoint, the
impulse magnitude can be reduced by increasing the impact fregquency and thereby
reducing the work done per tooth. It is alsc noted that by increasing the fre-
quency of impact, the excitation frequency may be quite large, and harmonics
may lie beyond the frequency range of interest. The momentum upon impact may
also be reduced by lowering tip speeds which can effectively reduce input exci-
tation, provided the number of teeth is sufficiently large to compensate.

The response of a saw blade is extremely sensitive to both the magnitude
and frequency spectrum of the excitation. As a result, the optimum case of
minimum saw blade response involves a multiplicity of considerations as opposed
to simply minimizing the input forces.

Reduction of Tool Response

The importance of the circular saw blade from a sound radiation standpoint
has been explained, and as a consequence only the response of circular saws will
be considered in this section. The response of other tools commonly found in
the woodworking industry is generally of little importance; however, the basic
approach followed for the circular saw blade can be used for any vibrating tool.
The basic concepts ocutlined in the section concerning workpiece vibration re-
sponse apply to any structure, including saw blades; however, in this case
alterations to the saw blade (consistent with its.functions) are possible.

The response of a circular saw blade to the input energy supplied by tocoth
impact and rotational sources fits into two categories: being resomant response
during idle and forced response during cutting. As pointed out in the previous
section, energy is available over a wide frequency range resulting in a broad
band frequency excitation spectrum. Thin steel disks have a large number of
structural resconances throughout this range and respond well to small input
forces. During idle it is common for a vibrational mode to be excited due
primarily to a forced frequency component closely matching a resonant frequency.
This mcdal response increases with time until equilibrium with damping mechanisms

are reached. In cases of lightly damped saw blades, this condition becomes

quite serious from a noise generation standpolnt resulting in the so-called
"screamer.” The screaming saw is quite sensitive to boundary conditions as
well as the source and frequency of excitation, and represents a finely tuned
dynamic system. Minor changes in mounting, mass, or stiffness (such as plugs,
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slots, retensioning, etc.) can shift a resonmant frequency so as to reduce or
prevent screaming. It is also possible for resonant vibration response to
occur at one or more frequencies without proceeding to the screaming state.
Such blade response has led to considerable experimental problems involving
both vibration and aercdynamic saw nolse sources.

During cutting, energy is also supplied by contact between the workpilece
and the saw blade, resulting in energy input over a wide frequency range as
well as an increase in damping. The saw blade responds well at each of its
resonant frequencies, the amplitude being controlled by the damping present
in each particular rescnant mode and the contact with the workpiece.

The resonant frequencies of a circular disk clamped at its center have
been determined!! and consist of modal patterns involving both circumferential
and radially travelling waves. Several modes of vibration are illustrated in
Figure 2.43. FEach mode corresponds to a particular frequency with the response
in each mode depending on the modal stiffness, damping, and nature of excita-
tion. From a sound radiation standpoint, the diametrical modes are believed
to be of major importancell. A modal response pattern corresponding to an
excitation frequency of 2000 Hz is shown in Figure 2.44. The saw blade re«
sponse was forced by an electromagnetic shaker system, and the nodal lines
are indicated by salt patterns formed on the blade (the salt accumulates along
modal lines). 1In this particular case, a pattern of 8 nodal diameters and 1
nodal circle is present.

Techniques for reducing the response of circular saw blades are similar
to those presented in the section on workpiece vibration reduction. It should
be noted that alterations in mass and stiffness of the saw blade will affect
the critical frequency which governs the efficlency of sound radiation. These
considerations are discussed later in this report. Techniques for reducing
response are listed in Table 2.11.

Table 2.11 Methods for Reducing Saw Blade Response
(a) Increased stiffness

(b) Increased damping
(c) Alteration of wave_propagation characteristics

Effect of Stiffness

For a given excitation, response decreases with increased stiffmess. 1In
the case of circular saw blades, the stiffmess can be increased through materi- .
al changes, increases in thickness, stiffening colkars, etc.. The effect of
changing these factors is, however, to change other parameters which may have a
detrimental effect on noise reduction. In general, increases in stiffness tend
to be accompanied by a reduction in the critical frequency (the frequency at
which the structural wavelength is equal to the acoustic wavelength at the
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same frequency). Sound generation is quite efficlent above this frequency, and
for noise control purposes the critical frequency is usually made as high as
practically possible. This approach is discussed in the section dealing with
reduction of radiation., Increases in thickness are usually accompanied by in-
creased damping which, along with the reduced response characteristics of the
thicker plates, tends to reduce resonant response. It should be noted that in-
increased plate thickness involves wider saw blades {increased kerf) which re-
sults in increased power consumption, greater impact loading, and material
waste.

The use of stiffening collars can appreciably alter the blade stiffness
characteristics provided a high percentage of the saw is within the collar. In
some cases, resonant response due to aerodynamic or rotational sources can be
reduced, eliminating the idle screaming effect. Forced response during cut-
ting can also be affected by the increased stiffness provided by collars. The
main utility of such collars, however, is the additional damping introduced due
to the sandwiching of the blade between the collars. This damping mechanism
can be increased by the use of viscoelastic materials, reducing the blade re-
SponsSe near resonances.

Artificial stiffening techniques include systems which maintain contact

with a portion of the blade during both idling and cutting, such as blade pack-~
ing techniques and clamping disks or pads in contact with the saw blade-~<.

Effect of Damping

The response of a structure near resonance is controlled by damping, as
discussed previously. In theory, all of the methoeds discussed can be applied
to the circular saw blade; however, damping through attached layers and changes
in material properties represent the most useful approaches and will be consid-
ered in some detail.

The internal damping of a material is affected by small changes in the
material composition and treatment, and is often difficult to measure. The
primary mechanism involved for metals is associated with dislocations in the
crystal lattice and the resulting heat conduction between differently strained
regions. Materials other than steel are available which have considerably
higher loss factors, however, extensive testing is required to determine the
practicality of alternative materials.

The attachment of free or constrained viscoelastic layers is of consider-
able practical value in reducing saw blade response during both the idle and
cutting operations. TFree layers have an advantage over constrained layers in
that their effectiveness is essentially frequency imdependent. The total damp-
ing provided by a unconstrained (free) layer increases with increasing value
of the layer modulus of elasticity, damping factor, and thickness. The require-
ment that the layer have a high modulus of elasticity as well as a high damping
factor suggests the use of plastics for this application. A number of free
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damping layer treatments are commercially available for circular saw blades.
The constrained layer approach involves the attachment of damped stiffening
collars to either side of the saw blade, as shown in Figure 2.45. The ef-
fectiveness of the collars is limited by the area of the saw blade that can

be covered, since this approach limits the depth of cut possible. A substan-
tial portion of the blade must be within the collars to achieve appreciable
damping due to the low amplitude motion near the center as opposed to the outer
portions of the blade. In some cases the vibration patterns of the blade may
be altered to provide greater damping for a given collar size. This approach
is considered later in the report. The effectiveness of a constrained layer
system is frequency dependent as opposed to the free layer case. The frequency
at which maximum damping occcurs is governed by the shear modulus and is known
to decrease with increasing temperature, Fortunately, the fall off in damping
on either side of the maximum occurs slowly so that a relatively wide range of
frequencies can be damped effectively. The use of laminated saw blades is also
recognized as a highly efficient damping system.

The use of loose rivets or plugs in the expansion slots of circular saw
blades is quite common and may in some cases provide sufficient additiomal
damping to prevent resonant response during idle. As discussed, the resonant
mode is guite sensitive to any change in damping or mass, making a precise
cause and effect study difficult. Such techniques are not considered to be ef-
fective in reducing forced vibration response during the cutting process.

Damping from mechanisms such as clamps or contact points are not consid-
ered in detail; however, their effect can be evaluated using the techniques de-
scribed, Novel techniques such as the application of viscous foam in the area
surrounding the blade and workpiece are of interest in specialized applicatioms.

Special Case:  The design of damped stiffening collars for purposes of
contrained layer damping can be done by considering the system as a composite
of three plates having equal thickness with elastic interlayers, as illustrated
in Figure 2.46. The frequency at which maximum damping occurs for plates of
equal thickness can be shown to be

f =(2/11)(G2/E3)(CL1/d2) (2.16)

-

where Gy = shear modulus of the damping layer (2),

E; = modulus of elasticity of constraining plate (3),
CL1= longitudinal wave speed in the saw plate (1),
d2 = thickness of damping layer (2).

The damping factor at this optimum frequency 1s )

= 3n2/(5+4J1+n' 22 ) ) (2.17)

noptimum
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where n, 1s the damping factor of the constrained layer at that frequency. 1In
the case of circular saws, damping is required in the frequency range of 500
Hz to 6000 Hz so that the maximum damping shculd occur at abeut 2000 Hz. Fig-
ure 2.47 shows the damping factor for a properly designed system as a function
of frequency assuming a bandwidth of damping of about five octaves., The loss
factor for untreated steel plates 1s of the order of 2 x 104,

§

Alteration of Wave-Propagation Characteristics

The vibration response of circular saw blades, as illustrated in Figure
2.43, involves both diametrical and circumferential travelling waves. This
modal response is usually excited near the periphery by zerodynamic distur-
bances or the actual cutting process. It is known that contributions to the
radiated sound are greatest near the periphery, where vibrational amplitudes
are large. Since the diametrical modes are of considerable importance in the
radiation of sound, it is of interest to investigate means of altering the
circumferentially travelling waves.

One such technique which can be used in conjunction with stiffening col-
lars is radial slots cut into the blade body extending from the periphery down
to a radius less than that of the stiffening collars. These slots disrupt cir-

cumferential wave motion and provide coupling of individual sections only through

the hub and collar section as shown in Figure 2.48. The increase in damping 1s
significant with such an arrangement. Alteration of sound radiation character-
isties through changes in the critical frequency is discussed elsewhere in this

section.

Reduction of Tool Radiation

Most woodworking. tools, with the exception of circular saws and saw type
cutters, are rigidly comstructed, possess a high degree of damping, and are
relatively small in size. As a result, noise sources in the vicinity of the
cutting tool are usually aerodynamic in nature. The reduction of tool radia-
tion through the use of shields, partial and total enclosures presented pre-
viously applies directly to this case. Another approach to the reduction of
tool radiation is of interest for circular saws and involves alteration of the
saw blade itself to reduce its efficiency as a sound radiator. The sound ra-
diation from a vibrating structure can be expressed as,

W = pcAg<V2> (2.18)
where W = acoustic power, L
p = density of air,
¢ = acoustic velocity,
A = surface area,
g = radiation efficiency,

<V2> = transverse vibratiomal velocity,
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The radiation 1s seen to depend on the vibrational velocity (which depends

on the force/response characteristics of the system), the radiation efficiency
{which depends on the critical frequency), and the source area (A). Altera-
tion of the excitation and response characteristics has been considered; how=
ever, changes in source efficlency and radiating area are also plausible.

Alteration of the Radiation Efficiency

The radiation efficiency depends on the critical radiation frequency of the
saw blade, defined as the frequency at which the structural wavelength 1is equal
in length to the acoustic wavelength. Below the critical frequency, sound is
not efficiently radiated, while near and above the critical frequency there is
little interference between adjacent structural elements and radiation i3 usual-
ly quite efficient. By equating the bending wavelength with the acoustic wave-
length, the critical frequency is determined as

f. = (c2/2m)/12p/EL? (Hz) . (2.19)

It is noted that the critical frequency increases with increasing plate mass

and decreasing plate stiffness. Thus, the critical frequency of a plate can

be  computed from a static measurement of the ratio of mass to bending stiff-
ness. From a radiation reduction standpoint, it is desirable to make the ecriti-
cal frequency as high as possible in order to obtain a wide frequency range of
low radiation efficiency. Although the general behavior is sensitive to the
particular resonant mode, the variation in radiation efficiency with frequency
can be assumed to be similar to that shown in Figure 2.49.

In devising methods for increasing the critical frequency, a detailed un-
derstanding of the vibrational fields set up in the plate is required. For
anisotropic plates, it is necessary to define two critical frequencies, i.e.,
for wave propagation in the direction of maximum stiffness and in the direction
of minimum stiffness. For circular plates, this corresponds to the radial and
circumferential directions. The critical frequency in the direction of great-
est stiffness is a lower bound for the system, i.e., waves in other directions
correspond to a higher critical frequency. Accordingly, the critical frequency
in the direction of the lowest stiffness represents the frequency above which
the plate behaves like a homogenecus plate above its critical frequency. The
most direct means of altering the critical frequency are changes in stiffness
and mass.

Techniques for reducing stiffmess include a reduction of plate thickness or
the cutting of slots, grooves, etc. in order to reduce the flexural stiff-
ness in the direction of wave propagation. Other techniques for increasing the
eritical frequency include the use of multilayer plates, using the frequency de-
pendent properties of elastic materials to an advantage. The critical frequency'

«0f laminated plates is known to be considerably higher than for equivalent stan-

dard plates having a similar static stiffness. Reduced stiffness may also be
achieved by employing saw plate materials having low modulus of elasticity; how=-
ever, practical difficulties involving hardness and brazing could arise.
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Increased blade mass for a given bending stiffness increases the critical
frequency. This may be accomplished by a change to plate materials having a
higher mass or by artificially increasing the mass by attachment of weights to
the existing saw plate. (plugs, etec.).

A reduction of radlating area can also result in reduced radiated power,
as indicated in equation (2.18). 1t should be noted that a reduction in area
is sometimes accompanied by higher velocity levels due to the distribution of
energy over a smaller area.

The noise reduction techniques for circular saws discussed in this section
include:

(a) reduced excitation by

+ reduced mechanical sources
- reduced aerodynamic sources
+ reduced impact sources

(b) reduced response by

« increased stiffness
- increased damping
+ alteration of wave propagation characteristics

(¢} reduced radiation by

+ acoustical shields
+ alteration of the critical frequency

Noise control techniques best suited to the industrial cut-off saw are
shown in Figure 2.50.- The system shown typically reduces noise levels by 10
to 15 dBA and results in both idle and cutting noise levels of 90 dBA or below
in most cases.

Control of Machine Vibration Noise

Numerous machines in the woodworking industr§ radiate noise as a result of
structural vibration of the machine parts, components, and castings. This vi-
bration is usually transmitted to the machine from a rotating tool or cutter
which is acted on by unsteady forces. These forces can be of a rotational na-
ture such as unbalance, faulty bearings, etc. or may result from tool impact
on the workpiece. The response of the machine itself may be of a resonant nature
or purely forced vibration response at the excitation frequency(s). Techniques
for reducing input forces outlined previously are applicable in this case. Con-
ventional techniques for vibration isclation may be used to attack such problems;
however, the isclation must be inserted between the source of vibration and the
remaining machine components if noise reduction is to be accomplished. Isola-
tion of a machine from the floor is effective in reducing noise only when the'
floor is radiating sound. Floor vibrations are important in some cases but
usually radiate low frequency sound which is of little importance. There are
ather advantages in machinery isolation, and it is highly recommended. 'Machine
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isolation from the floor should always be done prior to constructing acoustical
enclosures since low frequency vibrations may excite higher frequency vibrations
in an enclosure wall section. An alternative is to isolate the enclosure from
the floor,

In some instances in the woodworking industry (routers, carvers, etc.) the
necessity of isolating relatively low frequency vibrations requires an isolator
that is too soft to permit machine operation. 1In such cases, structural damping
techniques may be required. 1In cases where forced response is involved, the use
of an acoustical enclosure may offer the only practical means of noise reduc-
tion short of machine redesign. The important aspects of machine vibration pro-
duced noise can be discussed by considering the special case of the high speed
router, a machine which has been studied extens:.vely12 The main results of
this study are presented herein.

Reduction of Machine Excitation

The primary excitation sources for the router were found to be bearing
and belt induced forces being transferred to the main machine structure. During
cutting, this excitation is amplified as a result of the additional input force
due to tool/workpiece interaction. Many older machines employ bearing systems
that do not perform well from a vibrational standpoint when operated at high
rotaticonal speeds. In these cases, the structural vibration levels during idle
are quite high, and the contribution of cutting forces does not appreciably in-
crease noise levels.

The effects of the particular cutter design on radiated noise were also
studied in reference 9. The type tocl has some effect on radiated ncise levels;
however, the mechanism of vibration transmission from the bearing housing area
was found to be of major importance. Isolation of the bearing housing from the
rest of the machine, as i1llustrated in Figure 2.51, has been used successfully
in reducing noise levels. The utility of the isolation system is dependent on
the resulting deflection, 1llustrated in Figure 2.52.

Reduction of Machine Radiation

In cases where it is impractical to reduce input forces by bearing system
alteration and the use of isolation and damping is either impractical or unde-
sirable, a compact acoustical enclosure system can be used effectively. The
system shown in Figure 2.53 for the high speed router has resulted in noise
reductions during idle and cutting which are comparable to the isolation tech-
niques. The validity of the technique is predlcted on the dominance of machine
vibration as the dominant noise source.
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Figure 2.53 Enclosure for router
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III. WOODWORKING MACHINERY NOISE PRODUCED BY AERODYNAMIC SOURCES

A detalled consideration of aerodynamic noise reduction is presented in
this section, The presentation is made according to three categories of tool-
ing: 1) long cylinders with relatively low tip speeds (around 100 ft/sec);

2) thin disks such as saw blades; and 3) intermediate size c¢ylinders which may
operate at relatively high tip speeds. The factors which have an effect on
noise are treated separately where possible so that an estimate can be made of
the noise reduction benefit that can be obtained from a specific change in an
operational or geometric wvariable.

Scaling Laws for Long Cutterheads

The basic objectives of investigations into control of noise at the source
are to understand the mechanism of noise production and to develop relaticnships
among the physical system parameters which give a description of the acoustic
power emitted. A result of such studies can be scaling laws which show the de-
pendence of specific parameters on the acoustic power radiated by the source.
This kind of understanding has been developed for aerodynamic noise, based pri-
marily on studies of cutterheads of the size (diameter and length) normally used
in wood planerszil3. The results of these works are presented here and are in-
terpreted; in terms of the reduction (or increase) in noise for a given change in
a specified variable. '

Noise Reduction Due to Parameter Changes

The physical system parameters that might be expected to affect nolse emis-
sion are rotation speed, clearance between the table and knife tips, number of
knives, knife projection above the base circle of the cylinder, length of cylin-
der, cutting circle diameter, and presence of induced air flow over the cylin-
der.” Functionally, this dependence can be expressed as

W= f(Nb,D,N,C,L,Va,h) , (3.1)

where W = acoustic power, y

N, = number of knives,

Db= cutting circle diameter,

N = rotational speed,

C = clearance (tip/table),

L = eylinder length,

h = knife projection .

V.= induced air flow velocity. '

i1

It is noted in equation (3.1) that table lip geometry has not been included.
Changes in table lip geometry can be expressed in terms of an "effective" in-
crease in clearance and can be associated, therefore, with the parameter C.

In the following sections, the parameters included in equation (3.1) are
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treated individually; for example when the effect of rotation speed on acoustie
radiation is considered, the othet variables are held constant. The equations
and graphs presented are based on analytical and experimental studies.

Effect of Changes in Rotational Speed

The parameter that has the most dramatic effect on socund power reduction is
tip speed., For a given clearance, the relation for sound power level reduction
is given by

AL, = lOBloglo(Vi/Vf), (3.2)
where ALw = sound power level reduction, dB,
V4 = initial knife tip velocity,
V¢ = final knife tip velocity,

g = clearance parameter = 4 + O.Aéloglo(f), where f = .31(.14+C)3
and C is the clearance in inches.

The preceding relation, equation (3.2}, shows that the slope of AL versus the
speed ratio, Vi/Vf, depends on the clearance parameter B, For smaYl values of
clearance, B = 4 where as for larger clearances 8 * 6. The case of B= 4 1is
indicative of a monopole source whereas 8= 6 refers to a dipole type source.
A realistic range for clearances is .04 to 1.20 inches, and these values are
used to produce practical upper and lower bounds for reduction in sound power
level due to a reduction in speed. These curves are shown in Figure 3.1. A
speed ratio reduction of up to ten (10) is used in the figure which should
cover most situations encountered.

A

While Figure 3.1 shows the reduction in sound power level with reduction
in speed, it is often desirable to increase speeds for production purposes.
The preceding equation can be used to predict the increase in radiated sound

power level for an increase in rotation speed,

AL, = 108log,q(V,/V)) .. (3.3)

In this case Vg/Vy is greater than 1, andd L, is positive. To avoid any comfu-
sion in using the same curve for reductions and increases, Figure 3.2 has been
prepared to show the increase in sound power level for a given increase in

speed. ‘

LY
-

Effect of Cutterhead/Table Clearance

The reduction in necise that can be expected by Increasing the clearamce
can be estimated from the following relation which gives the reduction in
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acoustic power level due to an increase in clearance,

AL, = (AE)IOloglO(M) L (3.4)

where ALW sound power level reduction, dB,

V/a (ratio of velocity of knife tip to the velocity of ‘sound),
TDN/720 (knife tip velocity), ‘

velocity of sound,

cutting circle diameter,

rotation speed (revolutions/minute),

E 0.461logq (£ /fl) (the clearance parameter),

1.2 5x10%, ll+ C, )3 where CI , represents the initial or final
! clearance in’Inches.

n % ny

nou

b2 o Q9=

The preceding equation is presented in graphical form in Figure 3.3. The
lower set of two curves holds for an initial clearance, Cj, of .04 inches while
the upper set of curves refer to an initial clearance of .40 inches. The figure
cannot be used to simultaneocusly estimate the effect of clearance changes and
speed changes on sound power level reduction. The upper (7200 RFM) curve and
lower (3600 RPM) curve in sach set shows how speed affects the requirement on
final clearance for a specified power level reduction. For example, for an
initial clearance of .04 inches, a 10 dB reduction can be cbtained by selecting
a final clearance of .50 inches if the operating speed is constant at 3600 RPM;
whereas at 7200 RPM, the final clearance must be 1 inch to give the same redue-
tion. Further, two machines with constant operating speeds of 3600 RPM and 7200
RPM both with an initial clearance of .04 inches would exhibit reductions of
about 8 dB and 6 dB, respectively, if the clearance in both machines were to be
increased to .40 inches. It is seen that reductions are much less dramatic for
an increase in clearance when the initial clearance is large.’

Estimates of power level reduction can be obtained from Figure 3.3 for the
range of the parameters of most practical interest. For applications where pa-
rameter values doc not match those used in Figure 3.3, equation (3.4) given pre-
viously for power level reduction due to an increase in clearance can be em-
ployed. To illustrate the computational procedure, an example is given for a
set of parameters that fall within the range of the figure. The problem 1s to
evaluate the benefit relative to reduction in sound power level of changing the
clearance from an initial value, C;, of .40 inches to a final value, Cg, of .80

" inches. The RPM is maintained at 3600, the cutting circle diameter is 6.36

inches, and 1130 ft/sec is used as the speed of sound. The computation is as
follows:

V = aDN/720 = (n)(6.36) (3600)/720 = 99.85 ft/sec

* The particular form given in'equation (3.4) for the parameter, f, is re-

stricted to straight knives at angles in the neighborhood of 18 degrees to the

cutter.
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and for the quantity M,
= 99.85/1130 = 0.09"

iz_ = 5‘{103(.114- '80)3 = 5-84
£, sxig¥X. 1+ .40)3

AE = 0.46log, (f,/f;) = 0.46log (5.84) = 0.35

AL, = (AE){lOloglo(M)} = 0.35{1010g10(0.09)}

AL = -3.65 dB
W

Thus, if all parameters are held constant except the clearance, which is in-
creased from .40 to .80 inches, then a reduction in acoustic power level of
about 4 dB can be expected. O0f course, for this set of numerical values, the
reduction can be read directly from the curves of Figure 3.3.

Effect of Cutterhead/Table Length

When speed of rotation, clearance, and cutterhead/table lip geometry
are held constant, the reduction in sound power level at a particular harmonic
frEquency due to a change in effective cutter/table interactive length is given

by~,

AL = 201og10(L2/L1) » £ _5_8600/L1 (Hz) (3.5)
or -
ALW = 1010g10(L2/L1) , fn > 8600/L1 (Hz) (3.6)

where L initial table length,

1

L, = final table length,

f = harmonics of blade passage frequency, (Hz) = n(N, ) (RPM/60),
n b

Nb = number of knives,

n- = integers, 1, 2, 3 ....

These predictive equations hold for values of clearance, C, in the range .04 <

C < 1.20 inches., TFigures 3.4 and 3.5 give the reduction in sound power level
as ‘a function of length ratio and precentage reduction in length. It is seen
that the sound power level reduction for a given percentage reduction in length
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is greatest for the lower frequency components contained in the power spectrum.
The two curves. serve to give an upper bound and a lower bound for reduction in
overall sound power level. For practical rotation speeds, the power spectrum
is controlled by the lower harmonics so that sound power level reduction is
controlled by the lower curve in Figures 3.4 and 3.5. If the attenuation
characteristics of the A-weéighted network are employed, then the higher har-
monics become more important so that A-weighted sound power level reduction
for a change in length would more likely follow the upper curve in Figures

3.4 and 3.5,

It must be emphasized that the physical situation appropriate to the pre-
ceding discussion consideras a single table lip that interacts with the rotating
cutterhead, If more than one surface is present, then the usual simplified
rules for sound power addition can be employed to estimate the total effect of
changing the effective interaction length of all such surfaces. TFor example,

if two such surfaces are present and their separate effects produce sound power

levels of 85 dB and 88 dB, then the power level as determined from measurements
due to both sources would be about 90 dB. Reducing the 88 dB source by 3.7dB
would produce only a 2 dB reduction in combined power level, i.e., the combined
power level would be 88 dB as compared to the original value of 90 dB.

Effect of Knife Projgction

It has been found that changes in sound power level due to changes in
knife projection above the cylinder body are more pronounced when the cutter-
head is operating in a free condition, i.e., when no nearby stationary surfaces
are present. The overall power level produced by the free rotor will usually
be significantly lower than that produced when a lip or surface is present.
Thus, to treat knife projection as an independent variable, both categories
must be considered.

Data from several sources have been analyzed and give consistent results
when interpreted to compare increases in power due to relative changes in knife
projection. Gib-face design and gullet geometry serve only a secondary role
in establishing the level about which variations in power level occur due to
changes in knife projection®»*~:

Knife Projection in Presence of Lip

The overall sound power level produced when a cutterhead is operating in
the presence of a 1lip is determined primarily by the clearance between the
knives and lip, tip speed, and length of cutterhead. KXnife projection enters
into such determinations through the computation or establishment of the tip
velocity (V). If knife projection is increased without changing RPM, then the
tip speed would be increased; and if no table adjustment is made, then the
increase in noise would be determined by an increase in tip speed accompanied
by a reduction in clearance. For example, for the same RPM, tip velocity. ratios
are equal to ratios of diameter. Increases in scund power follow a V* to V
power law and increasing knife projection from .08 to .40 inches would cause
an increase in sound power level on the order of 3 dB even though adjustments

-
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were made to maintain constant clearance.

Taking into account the difficulties in interpretation, available data in-
dicate that the separate effect of changes in knife projection on sound power
production is to cause an increase of about 3 dB when the projection height is
doubled. Such a variation 1is shown in Figure 3.6 in terms of the ratio of final
height, h., to the initial height, h;. The clearances for the experimental set-
ting in which these data were obtained ranged from .08 to .12 inches. The data
also show that the relative increase in sound power level tends to be less
than the 3 dB per doubling of h for values of h exceeding .64 inches. Avail-
able information indicates that an upper limit of a 3 dB increase per doubling
of knife projection can be expected. The curve given in Figure 3.6 can also
be used to estimate the reduction in power level that can be expected by redue-
ing the knife projection.

. Effects of Knife Projection with No Lip

As noted previously, the effect of knife projection for a free rotor is
more important than the situation in which an interacting lip is present. TFor
this case, the variation depends on the initial projection hi' An examination
of available data shows that for projections, h, less than about .0l inches,
the increase in sound power level is about 3 dB per doubling of the ratio
h;/h¢, whereas for h greater than about .0l inches the variation is 6 dB per
doubling of the ratio hj/hg. This is illustrated in Figure 3.7 which can be
used to estimate the effect of change in knife projection on sound preoduction
when no interacting lip is present.

Comparing Figures 3.6 and 3.7, it is seen that the largest reduction that
can be expected due to a change in knife projection (all other variables re-
maining the same) would be 6 dB for a reduction in knife projection by a factor
of two. -

Effect of Induced Airflow

In most operations, the machines are equipped with dust and chip removal
systems. The systems employ a fitted hood to collect dust and chips as ailr
is drawn by the cutterhead. The air handling systems are a source of noise,
but usually their separate effects do not contribute to the overall noise level.
The interactive effect of airflow across the cutterhead required for dust and
chip removal does cause an increase in noise when compared to the noise pro-
duced by an idling cutterhead without airflow.

A detailed description of air flow over the cutterhead in an actual ma-
chine is difficult due to the complexity of the gedmetry and the variation in
air velocity in the vicinity of the votor. A first order of magnitude estimate
of airflow effects can be obtained by cohsidering a more ideal situation, i.e.,
a rotating cutterhead in a uniform flow field, Figure 3.8, It has already

‘been shown that for a free rotor, sound power follows almost a V¥ variation,

where V is the tip velocity. Airflow, then, effectively causes an increase in
tip velocity so that if Vo is the airflow velocity and Ve is the tip speed, the
increase in power level due to induced airflow should be somewhat less than

-
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predicted by the following equation:

AL = BOloglo{Va + V.MV, _dB (3.7)

Several experiments conducted on conventional wood planers indicate that
the preceding equation gives reasonable estimates. The difficulty in such
estimates is the specification of an effective airflow velocity V,. The pre-
tive equation is illustrated in Figure 3.9 for what is believed to be an ade-
quate range of the wvelocity ratio.

Noise Reduction Due to Alteration of Table Lip Geometry

In some cases it may be more practical to modify the table lip geometry
than to change the clearance, rotation speed, or other parameters to achieve
a reduction in aerodynamic noise. This appreach has been studied extensively
through experimental means. Brooks and Bailey2 show that lip modificationms
can be included in a semiempirical prediction equation which gives consistent
results by considering lip alteration to effectively increase the clearance.
Two table lip modifications are shown in Figure 3.10. The illustration on the
left shows a saw-tooth configuration with a base triangle dimension of about
.43 inches and triangle height of about ,40 inches. Material removal in the
form of triangles with given dimensions to form a saw-tooth pattern along the
free edge gives an effective increase in clearance of about .20 inches. The
reduction in noise resulting from such modifications depends on the actual
clearance between the knives and the table lip.

Figure 3.3 can be used to make estimates of power level reduction if the
actual clearance and the effective increase in clearance due to lip modifica-
tion are specified. For example, if the actual clearance for a solid lip (no
modifications) is .04 inches, then the .20 inches effective increase in clear-
ance for the saw-tooth configuration noted previously gives z final effective
clearance of .24 inches. Figure 3.3 shows that such a change would give a
sound power level reduction of about 6 dB if the speed of operation were 3600
RPM. 1If the actual clearance were initially .40 inches, then the modificatien
would cause a much less dramatic reductien, about 2 dB, in sound power level.

Figure 3.10 also shows a slotted modification to the table geometry. The
slots used for experimental studies were about .63 inches wide: the three
shorter slots being centered about .79 inches from the free edge. This confi-
guration gives an effective increase in clearance of about .40 inches. Using
this value, an estimate of power level reduction can be obtained by using
Figure 3.3 as in the previous example. '

Spiral, Segmented, and Staggered Knife Geometries

Figure 3.1l shows several cutterhead designs that are commonly used to
reduce nolse. While the most significant aspect of these heads is the reduc-
tion of cutting noise, there is also a reductien in 1dling or aerodynamic nolse.

-
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The physical process by which the segmented and staggered knife heads reduce
aerodynamic noise is quite similar to the way in which the saw-tooth table
1ip modification works. That 1s, the Intensity and rate of mass injection
associated with monopole source mechanisms are decreased. Additionally, the
rate and intensity of force fluctuation of the dipocle mechanism are reduced,
Only a qualitative explanation is available for the aerodynamic noise reduc-
tion observed for these geometries; specific scaling laws have not been de=~
veloped.

A detailed explanation has been given for the reduction of aercdynamic
noise provided by long cutterheads with helical knife geometry. This study2
accounts for both monopole and-dipole source mechanisms which have been de-
monstrated to simultaneously contribute to the sound power output, depending
on the clearance between the knife tips and the table lip. Figure 3.12 shows
the sound radiation efficiency for the monopole source mechanism (alr mass
injection) for a long cylinder operating in the presence of a table 1lip. The
independent variable, KnL, is related to frequency by

KoL = 2nf L/a (3.8)
where £, = harmonics of the blade passage frequency,
L = table/cutterhead length,
a = speed of sound.

It is necessary to introduce a parameter, a, to relate the helix angle, ¢, to
the cutterhead tip velocity, V,

. a = (a/V) tan¢ . . (3.9)

For the straight knife case, ¢= 0 so that a« = a/V. For a given speed of opera-
tion and fixed diameter, ¢ depends only on the helix angle, 4. It 1s seen,
Figure 3.12, that the radiation efficiency increases steadily with increases

in X 1L for the straight knife case (a = 0) whereas for larger values of a,
indicating a nonzero helix angle, the radiation efficiency levels off and shows
no variation above KnL = 10.

To illustrate the difference between the straight knife and helical knife
cases, consider a typical situation in which the speed of rotation is 3600 RPM,
the cutting diameter is 6.30 inches, the table length is 30.00 inches, and the

helix angle is about 45°. Choosing a harmonic near 1000 Hz,

.
1

l4, @ = Q0 straight knife

K,L

”

KL=14, a 11 helical knife.
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From the Figure 3.12 it 1s seen that a total difference of about minus 30 dB
exists for the helical case as compared to the straight knife case. This is
consistent with experimental observations that aerodynamic noise 1s essentlally
eliminated for helical knife geometries with a helix angle near 45°.

Similar trends are noted for the dipole source mechanism as {llustrated
in Figure 3.13. 1In general, increasing the helix angle while keeping other
factors constant provides significant reduction in noise radiated by both di-
pole and monopole source mechanisms.

Scaling Laws for Circular Saw Blades

The aerodynamic noise produced by circular saw blades results from air
disturbances caused by discontinuities in the saw periphery. Experimental
studies have revealed a dipole like dependence on peripheral speed as well as
dipole source directivity characteristics. This characterization realisti-
cally describes the increase in radiated power with increasing tip speed but
does not define the effect of the various geometrical parameters known to affect
noise generation. In an effort to better understand the effect of the various
parameters invelved in circular saw blade design, a program aimed at identify-
ing the relationships between important parameters was undertaken. The results
of this study3 have been incorporated into simple prediction equations in order
to aid in circular saw blade design and selection.

In studying circular saw blade noise, it is helpful to examine the means
by which the air surrounding the rotating saw blade can be disturbed. The
classical approach of source modeling in terms of monopole (mass fluctuation),
dipole (force fluctuation), and quadrupole (shear stress) radiation is useful
in the modeling process. The modeling process is considerably simplified if
one of the above source mechanisms is clearly dominant from a noise generation
standpoint. In the case of circular saw blades, a monopole source would most
likely result in discrete frequency contributions at the tooth passage frequency
and harmonics of the tcoth passage frequency and would result in a 12 dB increase
in sound power level per doubling of tip speed, indicative of a yé type power
law. The dipole source represents fluctuating forces on the surrounding air
and may be pgoduced by drag forces, vortex shedding, and several other mechan-
isms. The V° power law associated with dipole sources leads to an 18 dB in-
crease in radiated sound power level per doubling”of tip speed. The quadru-
pole socurce mechanism results from fluid shear stress and is normally asso-
ciated with turbulent flow fields. A V~ power law is associated with quadru-
pole radiation and would result in a 24 dB increase in radiated power level
per doubling of tip speed. Each of the three source models described contri-
bute to the total aerodynamic noise generation from circular saw blades; how=
ever, the dipole source model is believed to best represent the dominant noise
generation mechanism. That this is the case can be' observed from the approx-
imate v3-6 power law shown in Figure 3.14 and the dipole like directivity pat-
tern shown in Figure 3.15.
L The circular saw blade can be described acoustically as a disk having a
number of discontinuities spaced around the periphery which are actually gul-
lets provided for stock removal during the sawing operation. As the Dblade
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rotates, a flow velocity (V) is produced near the periphefy. The interaction
between the flow field and the gullet area cut Intc the periphery causes the
fluctuating force field to develop (for a nonrigid disk, this force can ex-
cite blade wvibration).

General aerodynamic noise theory extended to cases where solid bodies
are present allows for a dipole source distribution at the boundaries as well
as the normal quadrupole sources. For the case of sound radiated from a tur-
bulent boundary laver on a rigid flat plate at low Mach numbers, the dipole
sources actually overwhelm the quadrupole sources. Surface irregularities
drastically increase the boundary laver pressure fluctuation creating unsteady
forces. The mechanism by which the unsteady forces occur is complex; omne such
mechanism is the shedding of vortices from the trailing edge of the discontin-
uity. The degree to which cavities influence the vortex action depends strong-
ly on cavity size to cavity depth ratio. This ratio is known to affect the
magnitude of the boundary layer disturbance, the fluctuating forces, and to
facilitate the development of regular vortex patternsls. For the circular saw
blade this ratio is taken as the ratio of gullet width (w) to plate thickness
(t) as illustrated in Figure 3.16. The effect of this ratio on radiated acous-
tic power can be incorperated into a constant § which is, in effect, a source
strength.

The frequency spectrum is defined through the dimensionless Strouhal num-
ber which relates the peak frequency (f) to the free stream velocity (V) and
a characteristic thickness (t}, or

S, = fe/v

The thickness parameter is seen to have a direct influence on both source
strength (Q) and frequency content. The dipole acoustic power resulting from
vortex motion can be expressed in the approximate form-V,

W v Q(Re)"-%apVve/ad (3.10)

= acoustic power,

= source strength,

= Reynolds number,

disturbed area,

density of air,

tip velocity,

acoustic veloeity, %

where

1]

1]

W
Q
"Re
A
o]
v
a

From equation (3.10) it is observed that the sound power depends on the
Reynclds number, the disturbed area, the source strength, and the tip speed.

4
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The Reynolds number is given by
Re = pVi/u ' (3.11)

where L is a characteristic dimension and p is the viscesity of air, Equation
(3.10) can be rewritten as

W Qlo/u)” "Hapv5.6/43 (3.12)

indicating a variation in power with tip speed to the 5.6 power, a result that
has been cobserved experimentally (see Figure 3.14), From a practical stand-
point, variation in the quantities (p2/u)" " and A in equation (3.12) are ex-
pected to result in relatively small differences in radiated power for a par-
ticular diameter saw blade. Since power level reductions in excess of 10 dB
are needed to control aerodynamic noise of circular saws, the effect of these
parameters will not receive further consideration. The effect of reduced tip
speed has been shown to decrease the radiated noise by approximately 15 dB per
doubling of tip speed. The remaining quantity of interest is source strength
(Q), which must then be responsible for the wide variation in radiated power
observed for different gullet designs (variations of 15 dB or more have been
cbserved for different saw blades having the same tip speed). It is known
that the vortex strength is dependent on the fluctuating forces in the dis=z.v
turbed region, which are in turn related to the particular gullet-plate geo-—
metry. .

A characterization of the flow field involving the formation of regular
vortex patterns in the turbulent boundary layer will not be attempted; however,
the general trends discussed have led to a series of experiments designed to
identify the importance of the various gecmetrical parameters. In these experi-
ments, a parameter of major importance was identified as the gullet width to
plate thickness ratio (w/t), which was found to govern both the radiated power
and the resulting frequency spectra. A "tuned in" region was found to occur
at a critical ratio, which may be characterized as an acoustic resonance.

Other parameters such as gullet area, number of teeth, gullet spacing, etc.
were not found to have a direct effect on sound pEoduction; however, there is
a general tendency to reduce radiated power with reduced gullet size.

An illustration of the importance of these geometrical considerations
with respect to radiated sound and frequency spectra is shown in Figures 3.17
and 3.18 which compare disks of equal size and gullet shape having thicknesses
of 1/8 inch and 1/4 inch, respectively, It is obsarved from Figure 3.18 that
the frequency spectra are different for the two cases and that the overall
noise levels differ by nearly 15 dB . Efforts are continuing to obtain speci-
fic criteria for quieter saws based on an understanding of the source mechanisms

and the effect of the various parameters on sound generation.
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Application to Intermediate Size Cutting Tools

Considerable theoretical and experimental study has been devoted to under-
standing noise generation mechanisms of long cutterheads. By contrast, rela-
tively little effort has been given to intermediate length cutterheads as used
in shapers, moulders, tenoners, etc¢.. In this section, the extent to which
scaling laws developed for long cutterheads apply to intermediate size cutter-
heads is explored. The analysis is based on experimental studies conducted
on shapers with two different types of cutterheads. Figure 3.19 shows the
experimental arrangement for noise measurements taken on a shaper operating
at 8810 RPM. Both cutterheads tested had three knives so that the blade pas-
sage frequency was 441 Hz, The results for three specific parameters are dis-
cussed: 1) free cutterhead versus cutterhead with fence in place, 2) height
of cutterhead above table, and 3) constant diameter cutterhead versus one with
variable tip diameter.

A series of measurements were taken to determine the increase in sound
radiated when the fence was in place. The increase in average sound level
was about 9 dB due to the presence of the fence with a clearance between knife
tip and fence edge of about .20 inches. The cutterhead interacts with two
edges of the fence so that if both edges contribute equal amounts to the in-
crease, each edge is responsible for an increase ¢f about 6 dB., Attempts made
to estimate the effect of the fence from the semi-empirical scaling laws dis-
cussed previously for long cutterheads show that such extrapeclations cannot
be made with confidence., The scaling laws tend to overestimate the difference
between the fence and no fence cases.

Figure 3.20 shows results for two cutterhead gecometries and three machine
setups. The average diameter of the tapered edge cutterhead was about 5 inches,
as compared to a 4 inch diameter for the straight knife cutterhead. The first
case given in Figure 3.20 is for the cutterheads operating in free space re-
sulting in a difference in noise level of about 6 dB. For this case, the in-
crease in sound power level is approximately,

AL, = 4010g10(D2/D1) (3.13)

Equation (3.13) is based on a monopole source mechanism where D is the cutter-
head diameter and the RPM is held constant. Using this expression and the
average diameter of the tapered cutterhead, an increase of 5.6 dB is predicted
as compared to the measured value of 6 dB. It is noted from Figure 3.20 that
the relief provided by the taper effectively eliminates the effect of the fence
for the variable diameter cutterhead. TFurthermore, the proximity of the table
is not important for the straight knife case whereqﬁ for the tapered knife
there 1s an interactive effect.
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IV. NOISE CONTROL GUIDE FOR WOODWORKING MACHINERY

In the preceding sections an overview of ncise sources and control proce-
dures was presented. Much of the discussion was related to vibration and aero-
dynamic phenomena and was not specific to particular machine classifications.
A guide to noise control by machine type (as commonly used in practice) is
presented in this section. This guide is given in Table 4.1, The first two
columns give representative types of machinery used in the woodworking indus-
tries and the general function of each machine type. The third and fourth
columns present the dominant noise sources identified with each machine cate-
gory during both cutting and idling operation. These columns are arranged so
that the dominant source is listed first in either the cutting or idling si-
tuation. For example, for planers workpiece wvibration is usually the dominant
source during cutting with aerodynamic noise being the secondary source during
cutting. During idling operation, aerodynamic noise usually is the primary
source while mechanical sources (drive rolls, chain drives, hydraulics, gears,
etc.) are secondary. The last entry (router) is a case where the dominant
source is the same for both idling and cutting.

The last four columns in Table 4.1 give a letter coded method of control
for each machine classification for cutting and idling operation. In each case,
at least two alternative approaches (direct and indirect) are listed. The di-
rect approach normally applies to situations where standard tooling is employed
whereas the indirect approach often involves the use of new or modified toocling.

The key to the letter guide of Table 4.1 is given in Table 4.2. Given
with each letter in the table is a brief description of the modification or
procedure for noise reduction and a reference to particular sections of this
report where the control procedures or modifications are treated in more de-
tail. As an example, the letter A refers to direct methodology for control
of aerodynamic noise from standard straight knife cutterheads. As indicated;
the parameters that dictate noise reduction are RPM, lip geometry, cylinder
length, etc., and these parameters are treated in detail in Section III of

this report.
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Letter Key
A

Technique or Procedure

Standard cutterheads - changes in RPM,
clearance and lip geometry

Modified or redesigned cutterheads -
spiral, segmented, or breakup geometry

Workpiece vibration reduction - stiffening,
damping techniques

Cutterhead redesign - spiral or breakuﬁ
geometry

Vibration suppression techniques -
acoustical enclosures

Total acoustical enclosures

Treatment of guards or surfaces with
absorption material

Saw plate/gullet redesign to reduce air
flow noise

Blade vibration suppression systems -
stiffening techniques

Blade.damping techniques - blade coating,
laminated plates, damping collars

Reduced saw kerf, raker teeth, strob saws,
material spreaders. ...

Standard cutterhead - changes in RPM, knife
projection -

Acoustical skin system

Isolation or redesign of router head
assembly
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Table 4.2 Key to Letter Code for Noise Control Guide

Reference Section

III

ITI

1T

11,

11

- I1

11

III

11

II

I1

111

II

I1



V. CLOSURE

The information on which this final project report is based has been ob-
tained through theoretical analysis, experimental investigations in the labora-
tory and in the field, and years of practical experience with woodworking ma-
machinery noise. In keeping with the basic objectives of the project, the
report has concentrated on methods to minimize noise produced by vibrations
and noise due to aerodynamic phenomena. An attempt has been made to make the
report stand on its own without undue dependence on cited literature. In the
opinion of the authors, it also represents the state-of-the-art in woodwork-
ing machinery noise control technology.
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12.

13.
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